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Abstract 

This paper investigates the effects of various primary reference fuel 

(PRF) blends, compression ratios, and intake temperatures on the 

thermodynamics and performance of homogeneous charge 

compression ignition (HCCI) combustion in a CFR engine. 

Combustion phasing was kept constant at a CA50 phasing of 5° aTDC 

and the equivalence ratio was kept constant at 0.3. Meanwhile, the 

compression ratio varied from 8:1 to 15:1 as the PRF blends ranged 

from pure n-heptane to nearly pure isooctane. The intake temperature 

was used to match CA50 phasing. In addition to the experimental 

results, a GT-Power model was constructed to simulate the 

experimental engine and the model was validated against the 

experimental data. The GT-Power model and simulation results were 

used to help analyze the energy flows and thermodynamic conditions 

tested in the experiment.  

The results indicate that an increase of compression ratio causes higher 

thermal efficiency and fuel conversion efficiency; however, at the 

same compression ratio, an increase in PRF number results in lower 

efficiency due to the required increase in intake temperature and the 

associated decrease in charge density. While the efficiency does 

increase with compression ratio, the results show that the effect of 

increased expansion work is partially offset by higher heat transfer 

losses and lower ratios of specific heats at higher compression ratios. 

The results indicate that the maximum pressure rise rate (MPRR) in 

HCCI significantly increases with compression ratio. Combustion 

efficiency shows a strong trend with peak temperature regardless of 

the PRF number or compression ratio, indicating that the CO to CO2 

conversion is independent of the parent fuel chemistry in the case of 

the primary reference fuels; whereas the unburned hydrocarbon 

emissions showed the opposite trend, depending mostly on the parent 

fuel’s autoignition tendency. 

Introduction 

Homogeneous charge compression ignition (HCCI) combustion was 

first conceptualized in late 1970s and early 1980s [1-3]. As a 

combination of the favorable attributes of homogeneous spark ignition 

(SI) combustion and conventional diesel compression ignition (CI) 

combustion, HCCI is a combustion mode with high efficiency and low 

emissions [4-8]. Previous research work has shown that increased 

thermal efficiency can be achieved in HCCI compared with traditional 

SI combustion, and the efficiency can be as high as direct injection CI 

combustion. This is due to lower equivalence ratios, higher 

compression ratios, and the elimination of the throttle. Meanwhile, the 

decreased in-cylinder temperature reduces heat transfer losses and 

nitrogen oxides emissions, while soot emissions are avoided by 

premixing the fuel and air. Furthermore, a wide range of fuels can be 

applied to an engine operating on HCCI combustion, including 

gasoline, diesel, sustainable biofuels, and electrofuels, which presents 

a future solution for transportation applications that is simultaneously 

clean and efficient and uses a sustainably produced fuel that could be 

carbon-neutral [9-14].  

Based on the above-mentioned benefits of HCCI combustion, it is not 

surprising that HCCI has been a focal point of major research efforts 

over the past 30 years [15-28]. In HCCI combustion, ignition is 

controlled by the chemical kinetics of the fuel, as well as the properties 

of the mixture and the time-temperature histories of various regions, 

which means that ignition is not as easily controlled as SI or 

conventional diesel combustion [29-31]. Another disadvantage of 

HCCI is the large quantities of unburned hydrocarbons and carbon 

monoxide emissions caused by the low burned gas temperatures. 

Finally, the combustion duration in HCCI is significantly shorter than 

SI and diesel combustion, which can be an advantage, but also results 

in high pressure rise rates at relatively low loads, which limits the 

maximum engine load in HCCI [32, 33].  

Due to these disadvantages, the combustion process needs to be better 

understood in order to regulate the ignition, thermal stratification, and 

heat release rate to gain better control, higher efficiency, and lower 

emissions over a range of loads that satisfy practical requirements [34, 

35]. To this end, research efforts have investigated the effects of 

various parameters on HCCI combustion [36, 37]. Based on these 

fundamental and experimental studies, several engine control 

strategies have been established to help adjust the mixture reactivity 

and time-temperature histories. Methods such as exhaust gas 

recirculation (EGR), variable valve timing (VVT), variable 

compression ratio (VCR), and varying the fuel’s autoignition 

properties are widely discussed in previous papers and are proved 

viable solutions for control over ignition in HCCI [38-41].  

Among all of these techniques, intake temperature is most easily 

adjusted and controlled in a laboratory setting. Additionally, 

compression ratio is known to be an important parameter that dictates 

engine performance. These two operating parameters, intake 

temperature and compression ratio, are highly coupled in HCCI 

combustion, and have therefore been investigated together. 

Christensen et al explained that almost all liquid fuels could be 

autoignited by changing the compression ratio [38, 42]. Haraldsson et. 
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al applied HCCI in a multi-cylinder engine to develop a relationship 

between compression ratio and intake temperature, and realized that 

higher compression ratios can be used in place of higher intake 

temperatures to get better thermal efficiency and lower NOx emissions 

[43]. Further experiments on the effects of fuel properties and 

compression ratio on efficiency were provided by Szybist et. al [44], 

who showed that thermal efficiency increased with compression ratio 

while the intake air was used to maintain CA50 constant. However, 

with increasing compression ratio, especially to very high values, the 

heat transfer losses can increase as well, which can reduce the thermal 

efficiency. This motivates the need for an in-depth investigation of 

compression ratio, intake temperature, and fuel properties on the 

efficiency of HCCI and the trade-offs that exist. The abovementioned 

studies were focused on several mixtures with different components 

and mixing rates. This paper uses a CFR engine with a wide range of 

compression ratios and PRF fuel blends to help better understand the 

relationship between the compression ratio, intake temperature, and 

fuel blend in HCCI combustion. 

The fuel’s autoignition tendency is a key factor that highly influences 

the ignition timing and heat release process in HCCI. Iso-octane and 

n-heptane are the two primary reference fuels (PRFs) used to achieve 

variable autoignition properties that span the range of autoignition 

tendencies that are most relevant to commercial gasoline and diesel 

fuels. However, fuels with the same research octane number but 

different compositions can have different combustion characteristics 

[45]. Using PRF mixtures in combustion testing can therefore provide 

meaningful information about the ignition timings and burn rates 

relevant to commercial multicomponent fuels [46-49].  

In this paper, a very wide range of primary reference fuels was tested 

in a Cooperative Fuels Research (CFR) engine operating in HCCI 

mode at various compression ratios. This data helped to develop a 

deeper understanding of the effects of compression ratio and intake 

temperature on the thermodynamics and emissions of HCCI 

combustion. Experiments were performed using 28 different PRF 

blends varying from PRF0 to PRF96. The intake temperature and 

compression ratio were adjusted to keep the CA50 combustion phasing 

fixed at 5° aTDC, while the equivalence ratio was kept constant at 0.3. 

The effect of PRF number on cylinder pressure, mean cylinder 

temperature, instantaneous and cumulative heat loss, the ratio of 

specific heats, the heat release rate, the indicated mean effect pressure 

(IMEP), and the indicated efficiency are discussed below.  

Methodology 

Experimental Setup and Procedure 

The experiment was conducted on a single-cylinder, port fuel injected, 

Waukesha CFR engine. Figure 1 illustrates the experimental setup and 

Table 1 shows the specifications of the engine. The engine was 

connected to a General Electric DC dynamometer. The air flow rate 

was controlled using a mass flow controller with accuracy of ±1%, and 

the fuel flow rate was measured by a Micro Motion Coriolis fuel flow 

meter (CMFS007M) with accuracy of ±0.25%. The above data were 

used to calculate the equivalence ratio and compared with the air-fuel 

ratio calculated from the emissions, which were measured with a 

Horiba MEXA-7100DEGR motor exhaust gas analyzer. The intake air 

was heated by an inline resistive heater and was PID-controlled to 

provide the desired intake temperature measured at the intake port. The 

PRF blends were premixed before being added to the fuel tank. The 

instantaneous cylinder pressure was acquired and triggered by the 

crankshaft encoder at a frequency of 1800 pulses per revolution (0.2 

crank angle degree resolution). A Kistler 7061B pressure transducer 

was used to measure the cylinder pressure. The signal was then 

converted to voltage using a Kistler model 5010B amplifier with 

accuracy of ±0.5%. Two hundred consecutive cycles were recorded for 

each operating point. The pressure and temperature of the oil, coolant, 

and intake air were measured by pressure transducers and 

thermocouples, respectively. The oil and coolant were preheated to 

their set points and maintained constant by Omega PID controllers. 

EGR was not used in this experiment. The intake pressure was fixed  

Table 1. Specifications of the CFR engine 

Engine configuration Single cylinder 

Bore [mm] 82.5 

Stroke [mm] 114.3 

Displacement [L] 0.612 

Compression ratio 6:1 – 18:1 

Intake pressure [kPa] 98 

Coolant temperature [K] 363 

Oil temperature [K] 334 

Number of valves 2 

IVO [°ATDC] -350 

IVC [°ATDC] -146 

EVO [°ATDC] 140 

EVC [°ATDC] -345 

Connecting rod length [mm] 254 

Engine speed [RPM] 1200 

 

 

Figure 1. Schematic of the experimental setup 

All the signals were recorded with National Instruments hardware and 

a custom, in-house LabVIEW data acquisition code. The code allows 

for real-time monitoring of load, efficiency, emissions, and heat 

release characteristics including CA50 such that the equivalence ratio 
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and CA50 combustion phasing could be matched during the 

experiment to the target values of 0.3 and 5° aTDC, respectively.  

Parameter Calculation Methodology 

The gross heat release rate was calculated by the following equation:  
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where 
𝑑𝑄

𝑑𝜃
 is the gross heat release rate, 𝜃 is the crank angle degree, 𝛾 

is the ratio of specific heats of the mixture calculated from the NASA 

polynomials at each time step using the current pressure, temperature, 

and mixture properties, p is the instantaneous cylinder pressure, V is 

the instantaneous cylinder volume, and 
𝑑𝑄𝑙𝑜𝑠𝑠

𝑑𝜃
 is the heat loss to the 

walls. 

The gross heat release rate was calculated by adding the heat loss to 

the cylinder walls to the net heat release rate. The mean cylinder 

temperature was calculated using the ideal gas law. The wall 

temperature was assumed to be 400 K. The heat loss is determined via 

the following equation:  

𝑄𝑙𝑜𝑠𝑠 = ℎ𝐴(𝑇 − 𝑇𝑤𝑎𝑙𝑙 )               (2) 

where h is the convective heat transfer coefficient, A is the total 

cylinder surface area, T is the in-cylinder mean temperature, and Twall 

is the wall temperature. 

The heat transfer coefficient was calculated using the Hohenberg heat 

transfer correlation [50]:  

ℎ =  𝐶1 × 𝑉−0.06 × 𝑝0.8 × 𝑇−0.4 × (𝑣𝑝̅̅ ̅ + 𝐶2)0.8             (3) 

where 𝑣𝑝̅̅ ̅ is the mean piston speed, 𝐶1 is a constant defined as 130, and 

𝐶2 is a constant defined as 1.4. 

Modeling Methodology 

In addition to the experimental setup, a system-level model was 

constructed in GT-Power to further analyze the thermodynamic 

conditions and considerations related to the experimental data. Figure 

2 shows the model as it appears in the modeling interface. GT-Power 

performs 1-D flow calculations in the pipes and a 0-D thermodynamic 

calculation in the cylinder. The 1-D flow model uses the Navier-Stokes 

equation, averaged across the cross-section of the pipe. The operating 

conditions supplied to the model were acquired from the experiment. 

The heat release rate was calculated using Equations (1) - (3) from the 

experimental cylinder pressure, and then specified to the 

corresponding model object as an input. The model was validated 

against the experimental pressure trace at every condition analyzed. A 

few example cases are shown in Figure 3. This figure demonstrates the 

validity of the model based on the agreement between the measured 

and simulation cylinder pressure under low, medium, and high PRF 

numbers. In the following sections, a large amount of results will be 

discussed and compared. Among these data, the intake temperature 

and emissions are directly measured from the experiment, the heat 

release rate is calculated from the experimental data and used as an 

input to the GT-Power model, and the remaining results are from the 

GT-Power simulations.  

 

Figure 2. Schematic of the simulation model 

 

Figure 3. Comparison between experimental and simulated cylinder pressure 

at three different compression ratios and PRF numbers 

Results and Discussion 

In this paper, an extended discussion of the thermodynamics that result 

from a combination of PRF number, compression ratio (CR), and 

intake temperature is provided. Figure 4 shows the intake temperature 

that was required to achieve HCCI combustion with an equivalence 

ratio of 0.3 and a CA50 of 5° aTDC for each PRF blend and 

compression ratio. Due to experimental limitations, the range of 

possible intake temperatures is approximately 310 K to 400 K. 

Additionally, operational limits on the maximum pressure rise rate and 

the coefficient of variation (COV) of net indicated mean effective 

pressure (IMEPn) were defined as 5 bar/degree and 5%, respectively. 

All of the cases shown in Figure 4 are within these limits.  

Figure 4 clearly shows that as the PRF number increases, the intake 

temperature also needs to increase to keep CA50 constant at a given 

compression ratio. The range of possible intake temperatures with this 

experimental setup is 310 K to 400 K. The intake temperature cannot 

exceed 400 K due to the temperature limits of some of the materials 

and components in the intake system, and the minimum intake 

temperature is 310 K. Alternatively, increasing the compression ratio 

can also be used to autoignite higher PRF number fuels by increasing 

the temperature around TDC for a given intake temperature. At low 

compression ratios, the engine operation was generally more robust 

(i.e. lower maximum pressure rise rate, lower COV of IMEP, and 

generally lower sensitivity to changes in intake temperature and 

compression ratio), which led to the collection of more data at the 

lower compression ratios and lower PRF numbers. For example, at CR 
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= 9, nine different cases are acquired with the maximum difference in 

PRF number being 26 points with the difference in intake temperature 

for the highest and lowest PRF numbers being 76.6 K. For 

compression ratios in the middle of the range, the fewest cases were 

collected since the engine was generally less stable and required larger 

changes in intake temperature. At CR of 11, only two cases could be 

collected in the range of possible intake temperatures, which were 

PRF60 and PRF63 with a temperature difference of 25 K. This was 

attributed to the transition from two-stage heat release to single-stage 

heat release in the mid-range of the PRF number scale, but will be 

investigated further in future work. At higher compression ratios of 14 

and 15, the engine operation was slightly more predictable and the 

temperature gap between PRF number increments of 3 decreased, 

which allowed three cases to be collected for each compression ratio 

(e.g. the difference between maximum and minimum cases is 33K or 

less which is smaller than the same value at a compression ratio of 13).  

 

Figure 4. Intake temperature requirements to achieve HCCI combustion at an 

equivalence ratio of 0.3 and a CA50 combustion phasing of 5° aTDC for 

varying PRF number and compression ratio 

Cylinder Pressure and Pressure Rise Rate 

Different conditions are selected to compare various PRF blends and 

compression ratios at a constant intake temperature of approximately 

340 K. These cases are shown in Table 2. In the following sections, 

these selected cases are used to elaborate on both the combustion 

characteristics and thermodynamic considerations with different 

compression ratio and PRF number. The selected pressure traces are 

illustrated in Figure 5. With the increase in PRF number, compression 

ratio also increases which causes the peak pressure to increase from 

25.0 bar to 52.1 bar. The position of peak pressure slightly advances 

from 10.8° aTDC to 8.8° aTDC as the compression ratio and PRF 

number increase (even though CA50 is constant).  

Since the cylinder pressures are fairly self-similar, the variation in peak 

pressure can be used to represent the pressure throughout the cycle. 

Figure 6 shows a plot of the peak pressure for all of the operating 

conditions shown in Figure 4. As can be seen, the peak pressure 

increases significantly with increasing compression ratio and PRF 

number. When the compression ratio is constant, the peak pressure 

slightly decreases with increasing PRF number, which could possibly 

be due to the higher intake temperatures decreasing the density of the 

incoming air-fuel mixture. Since the equivalence ratio was constant for 

all cases, lower incoming densities also translated to slightly lower 

loads, which is due to the effects of intake temperature on density and 

load. Comparison between the specific cases at constant intake 

temperature (i.e. the cases in Table 2) is required and will be shown 

through the remainder of this paper. In Figure 6, at the lower 

compression ratios, the trend line of peak pressure versus PRF number 

is almost flat with a reduction of 1.4 bar in peak pressure from PRF3 

to PRF10 at CR = 8. However, at the higher compression ratios, the 

peak pressure decreases more sharply as the intake temperature 

reduces the density of the incoming air. At CR = 15, the difference in 

peak pressure is 5.8 bar between PRF 90 and PRF96. This shows that 

the density variations due to intake temperature changes are amplified 

at higher compression ratios.  

Table 2. Parameters of selected cases with approximately constant intake 

temperature 

Case No. PRF No. CR Tintake (K) 

1 3 8 339 

2 23 9 341 

3 46 10 338 

4 70 12 341 

5 93 15 339 

 

Figure 5. Cylinder pressure for the selected cases in Table 2 

Figure 7 shows the MPRR for all cases. A similar trend occurs for the 

MPRR in Figure 7 as the peak pressure in Figure 6. As the compression 

ratio and PRF number increase, the MPRR strongly increases by a 

factor of 4 from the lowest PRF number cases to the highest. At the 

highest compression ratio cases, there is a strong negative slope of 

MPRR with increasing PRF number, possibly due to the decreasing 

density and load with increasing intake temperature. These results 

show that the pressure rise rates in HCCI combustion increase with 

compression ratio. Therefore, lower compression ratios could 

potentially allow an increase in the upper load limit, if the maximum 

pressure rise rate defines the upper load limit. The maximum value in 

Figure 7 is 3.7 bar/CA at PRF90. 
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Figure 6. Peak pressure at different compression ratios versus PRF number for 

all of the data collected 

 

Figure 7. Maximum pressure rise rate at different compression ratios versus 

PRF number for all of the data collected 

Bulk Gas Temperature  

Figure 8 shows the in-cylinder bulk gas temperature (i.e. the average 

or mean cylinder temperature), which is calculated from the ideal gas 

law. The gas temperature is not able to be as simply characterized by 

its peak value like the cylinder pressure since the temperatures are not 

self-similar. Instead, the temperatures cross over each other during the 

expansion stroke. Before approximately 30° aTDC, the temperature 

increases with increasing compression ratio. Starting around 25° 

before TDC, the low temperature heat release (LTHR) can be seen in 

the lower compression ratio and lower PRF number cases. The LTHR 

causes the temperature to increase for the low compression ratio cases. 

The temperature then increases due to the high temperature heat 

release (HTHR) and reaches the peak value about 10° to 15° aTDC. 

The position of peak temperature advances slightly with increasing 

compression ratio. The latest peak temperature is at 15.4° aTDC with 

value 1368 K. The earliest peak temperature is as advanced as 11.2° 

aTDC with value 1510 K. The temperature then begins to decrease due 

to expansion; however, the higher compression ratio cases expand and 

reduce the temperature at a faster rate than the lower compression ratio 

cases. This causes the higher compression ratio cases to have a lower 

temperature throughout the majority of the expansion process. 

Meanwhile, the lower compression ratio cases have a higher 

temperature throughout the expansion process after around 35° aTDC, 

which will have implications on the heat transfer losses discussed later 

in this paper. It is important to note the differences in peak temperature 

are greater than 150 K from CR = 15 to CR = 8, despite the constant 

equivalence ratio and combustion phasing. At the equivalence ratio 

considered in this work, the NOx emissions were near-zero. However, 

when operating at equivalence ratios that result in peak temperatures 

closer to the NOx production threshold, these results indicate that a 

lower compression ratio might be beneficial for reducing the peak 

temperatures and reducing NOx emissions.  

 

Figure 8. Bulk gas temperature for the selected cases in Table 2 

Ratio of Specific Heats 

In this paper, the ratio of specific heats is determined from the 

temperature, pressure, and composition of the mixture at each time step 

using the NASA polynomials. Figure 9 shows the ratio of specific 

heats for the selected cases in Table 2. In Figure 9, the ratio of specific 

heats decreases through the compression process due to the increasing 

mixture temperature. The effect of the LTHR on the bulk temperature 

can be seen in the ratio of specific heats for the lowest compression 

ratio cases (and therefore lowest PRF number cases), where the higher 

temperatures caused by the LTHR result in lower ratios of specific 

heats. All of the cases have very similar values around TDC. The 

highest compression ratio cases have the lowest ratios of specific heats 

during combustion due to the high temperatures. However, the ratio of 

specific heats for the high compression ratio cases is the highest after 

about 35° aTDC due to the expansion effects on the bulk temperature. 

These results show that the ratio of specific heats strongly depends on 

the in-cylinder temperature. The higher the in-cylinder temperature, 

the lower the ratio of specific heats.  



Page 6 of 12 

10/17/2017 

 

Figure 9. Ratio of specific heats for the selected compression ratio cases in 

Table 2 

Figure 10 shows the minimum of ratio of specific heats for all cases. 

In the plot, the minimum specific heat ratio decreases when the 

compression ratio increases. Also, the ratio of specific heats decreases 

when the intake temperature increases. These two factors cause a 

general downward trend of the ratio of specific heats as the PRF 

number increases. The higher compression ratios will result in higher 

thermal efficiencies; however, these results show that that effect will 

be slightly counteracted by the lower ratios of specific heats.  

 

Figure 10. Minimum ratio of specific heats at different compression ratios 

versus PRF number for all of the data collected 

Heat Release Rate 

The gross heat release rate is calculated using the cylinder pressure, 

Equation (1), and the Hohenberg heat transfer correlation as discussed 

above. The resulting heat release rates are shown in Figure 11. Based 

on the results, combustion can be characterized by a two-stage heat 

release process, which includes LTHR and HTHR. It is worth noting 

that the LTHR peak is maximum at the lowest compression ratio and 

PRF number cases and minimum at the highest compression ratio and 

PRF number cases. LTHR in HCCI has been observed in the literature 

previously when using n-heptane or low PRF number mixtures as the 

fuel [44]. Combustion for the high PRF number fuels (above PRF73) 

can be classified as an approximately single-stage heat release process, 

where only minor LTHR happens before TDC. Recall that this LTHR 

had a significant impact on the temperature and ratio of specific heats 

as discussed above.  

The peak LTHR decreases with increasing compression ratio because 

the PRF number increases; however, the crank angle timing of the peak 

LTHR also advances. The maximum HTHR shows the opposite trend, 

where the peak HTHR rises from 27 J/CA to 51 J/CA with increasing 

compression ratio. As the peak of the HTHR increases, the duration of 

the heat release process also decreases (since the area under the curves 

is approximately constant). This transition from two-stage to single-

stage heat release and the shortening of the duration of the main HTHR 

helps to explain the increase in the maximum pressure rise rate in 

Figure 7. The peak HTHR timing is close to a constant value of 

approximately 5.8 aTDC. However, the single-stage versus two-stage 

heat release is not the only reason for the higher maximum pressure 

rise rates at higher PRF number. At PRF10, PRF36, PRF90, and 

PRF93, two different compression ratio cases exist (CR = 8 vs. CR = 

9, CR = 9 vs. CR = 10, CR = 14 vs. CR = 15, and CR = 14 vs. CR = 

15, respectively). From these comparisons, it can be seen that the 

pressure rise rate is always higher at the higher compression ratio, even 

when the fuel is constant. This result shows that higher compression 

ratios result in higher maximum pressure rise rates in HCCI. Therefore, 

lower compression ratios and/or two stage ignition fuels could be used 

to enable higher loads in HCCI.    

 

Figure 11. Gross heat release rate for the selected compression ratio cases in 

Table 2 

Gross Indicated Mean Effective Pressure 

The gross indicated mean effective pressure (IMEPg) is defined as the 

IMEP calculated over the compression and expansion strokes. The 

result is shown in Figure 12. For each individual compression ratio 

case, the IMEPg decreases while intake temperature increases, which 

means that under the same combustion phasing the engine load is 

strongly affected by intake temperature due to the density differences. 

Changing the PRF number or the compression ratio only has a small 

effect where the higher PRF numbers and higher compression ratios 

have slightly higher loads, which will be explained later in the 

discussion surrounding Figure 17.   
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Figure 12. IMEPg at difference compression ratios versus PRF number for all 

of the data collected 

Heat Loss and Heat Transfer Coefficient 

As described in the Parameter Calculation Methodology section above, 

the heat transfer to the walls was estimated with the Hohenberg heat 

transfer correlation. Figure 13 and Figure 14 show the heat transfer 

coefficient of the selected cases in Table 2 and the peak values of the 

coefficient for all of the data collected, respectively. Figure 13 shows 

that the heat transfer coefficient increases with compression ratio. The 

heat transfer coefficient increases due to the compression process, then 

due to combustion, but expansion causes the heat transfer coefficient 

to decrease. The peak value of the heat transfer coefficient is able to 

capture the trend of the curves since the heat transfer coefficient is self-

similar. Therefore, the peak values of the heat transfer coefficient for 

all of the data collected are illustrated in Figure 14. The data show a 

distinct conclusion that the maximum heat transfer coefficient 

increases with increasing compression ratio, and decreases slightly 

with increasing intake temperature. According to the Hohenberg 

correlation, the heat transfer coefficient is affected by the bulk gas 

temperature and the cylinder pressure. Recall from Figure 5 and Figure 

6 that the cylinder pressure increases with compression ratio and 

decreases with intake temperature, which closely matches the trend in 

the heat transfer coefficient.  

Figure 15 shows the instantaneous heat loss calculated using Equation 

(2). During the compression stroke, the heat loss rate increases with 

increasing compression ratio. This is due to the higher heat transfer 

coefficient along with the higher bulk gas temperatures, which causes 

a larger heat transfer rate for the higher compression ratio cases. 

Additionally, other researchers have shown that the higher pressure 

rise rates associated with higher compression ratio is another factor 

that can cause higher heat losses because the pressure oscillations 

break up the thermal boundary layer [44]. Although this effect is not 

captured in Equations (2) and (3) or Figure 15 and Figure 16, it is an 

important consideration for how the heat transfer losses change with 

compression ratio and pressure rise rates. Throughout combustion, the 

heat transfer rate is higher for the higher compression ratios due to the 

higher temperatures and heat transfer coefficient, despite the fact that 

the surface area of the higher compression ratio cases is slightly lower 

around TDC. During the expansion stroke at around 42° aTDC, there 

is a cross-over point beyond which the higher compression ratio cases 

have a lower heat transfer rate. This happens due to the trends in the 

bulk gas temperature discussed surrounding Figure 8. In short, the 

higher compression ratio cases expand the gases further than the lower 

compression ratio cases, which causes the temperatures during the 

expansion stroke for the higher compression ratio cases to decrease 

below that of the lower compression ratio cases. Since the heat loss is 

the result of multiplying the heat transfer coefficient, surface area, and 

the temperature difference, the lower in-cylinder temperatures can 

overpower the higher heat transfer coefficient for the higher 

compression ratio cases during the expansion stroke (after 42° aTDC). 

The cumulative heat loss over the closed portion of the cycle is shown 

in Figure 16. The cumulative heat loss increases with both 

compression ratio and intake temperature; however, the lower heat 

transfer rate during expansion for the higher compression ratio cases 

partially offsets the increase. As a result, the heat transfer losses are 

only 27% larger for the CR = 15 cases compared to the CR = 8 cases. 

In a similar fashion to the ratio of specific heats, these increasing heat 

transfer losses will attenuate the increase in efficiency with 

compression ratio, as discussed below. 

 

Figure 13. Heat transfer coefficient for the selected compression ratio cases in 

Table 2 

 

Figure 14. Maximum heat transfer coefficient at different compression ratios 

versus PRF number for all of the data collected 
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Figure 15. Instantaneous heat loss for the selected compression ratio cases in 

Table 2 

 

Figure 16. Cumulative heat loss at different compression ratios versus PRF 

number for all of the data collected 

Thermal Efficiency and Fuel Conversion Efficiency 

Figure 17 shows the gross thermal efficiency, net thermal efficiency, 

and net fuel conversion efficiency. For more information on the 

definitions of efficiencies, please see Heywood [22, 51]. As the 

compression ratio increases, the gross thermal efficiency increases. For 

each compression ratio, the gross thermal efficiency strictly reduces 

with increasing PRF number due to the effects of higher intake 

temperature on charge density. The minimum gross thermal efficiency 

for all cases is 40% which appears at the highest PRF number case at 

CR = 8. The maximum is 46% for the lowest PRF number of CR = 15. 

This figure shows that intake temperature is a key factor in the 

efficiency of the thermodynamic cycle and in order to obtain higher 

gross thermal efficiencies, lower intake temperatures should be 

utilized. A similar trend appears for the net thermal efficiency in Figure 

17, which also increases with higher compression ratios and decreases 

with higher intake temperatures. The difference between the gross and 

net thermal efficiencies is caused by the open cycle effects and the 

pumping losses. HCCI engines generally have very low pumping 

losses. In this case, this CFR engine’s valve timings are imposing a 

~5.5 percentage point efficiency loss. The maximum net thermal 

efficiency is 41% at CR = 15, PRF90, and the minimum value is 35% 

at CR = 8, PRF10. Combustion efficiency is not considered when 

calculating the gross and net thermal efficiency. Therefore, the net fuel 

conversion efficiency is also shown in Figure 17. The difference 

between the net fuel conversion efficiency and the net thermal 

efficiency is the combustion efficiency. The net fuel conversion 

efficiency is relatively constant within each compression ratio, 

especially for the lower compression ratios, which shows that the 

combustion efficiency is higher for the higher intake temperature 

cases. Additionally, the difference between the net fuel conversion 

efficiency and the net thermal efficiency is slightly smaller at higher 

compression ratios (and higher peak temperatures). For instance, at 

PRF0 the difference between the net thermal and net fuel conversion 

efficiencies is 4.0 percentage points, while at PRF96, this difference is 

2.9 percentage points. 

These results show that the increasing compression ratio and its effect 

on the thermodynamic cycle is able to outweigh the increased heat 

transfer losses at higher compression ratio and the slight decrease in 

the ratio of specific heats. However, these competing factors cause the 

increase in efficiency with compression ratio to be smaller than the 

ideal cycle would suggest. As a result, the increase in efficiency with 

compression ratio is subtle, especially for the mid-range compression 

ratios. From CR = 8 to 9 to 10, there is a noticeable increase in 

efficiency. However, CR = 10, 11, 12, 13, and 14 all have very similar 

efficiencies, with only subtle differences between them. This shows 

that the increasing expansion work associated with the higher 

compression ratios is counterbalanced by the higher heat transfer 

losses and the slightly lower ratio of specific heats. Additionally, these 

results have shown that lower compression ratios have their 

advantages (NOx emissions and lower maximum pressure rise rates), 

which should also be considered.   

 

Figure 17. Gross thermal efficiency, net thermal efficiency, and net fuel 
conversion efficiency at different compression ratios versus PRF number for all 

of the data collected 

Combustion Efficiency and Emissions 

Figure 18 shows the combustion efficiency calculated from the 

measured exhaust gases for all of the data collected. For each specific 

compression ratio, the combustion efficiency increases with PRF 

number, which is due to the increasing intake temperature which helps 

oxide the fuel. This appears most significantly for the lower 
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compression ratio cases, where the combustion efficiency is generally 

lower. The combustion efficiency is higher for the higher compression 

ratio cases because the peak bulk gas temperature is higher.  

To illustrate this trend, the combustion efficiency for all of the data 

collected is plotted against the peak bulk gas temperature in Figure 19. 

The color bar on the right side of the figure represents the different 

PRF numbers. In this plot, the combustion efficiency increases with 

peak bulk gas temperature rapidly until approximately 1500 K. The 

minimum combustion efficiency appears at 1346 K with value 89% 

and the highest combustion efficiency is 94% at 1526 K. Above, 

approximately 1500 K, a coherent trend is hard to distinguish – 

however, the slope is considerably shallower above 1500 K. Since 

combustion efficiency is affected by the reaction process that converts 

CO to CO2, an investigation of CO is expounded in Figure 20. 

Emission index (EI) is the ratio of the mass of a particular species of 

emissions to the mass of fuel injected and it is a way of representing 

the emissions in a normalized manner. The equation of EI is shown 

below [52, 53]:  

𝐸𝐼𝑖 =
𝜒𝑖

∑ 𝜒𝑗
×

𝑥𝑀𝑊𝑖

𝑀𝑊𝑓
                (4) 

where 𝐸𝐼𝑖  is the emission index of species i, 𝜒𝑖  is the mole fraction of 

species i, 𝜒𝑗  is the mole fractions of any species j, x is the number of 

moles of carbon in a mole of fuel, 𝑀𝑊𝑖  is the molecular weight of 

species i, and 𝑀𝑊𝑓 is the molecular weight of fuel. 

A very clear trend can be seen in the CO emissions in Figure 20. As 

the peak temperature increases, the CO emissions decrease. In Figure 

19, the maximum EICO emissions is 265.8 g/kg of fuel at a peak bulk 

gas temperature of 1346 K, and the minimum EICO emissions is 80.6 

g/kg at 1584 K. Around approximately 1500 K, the slope of the EICO 

emissions with peak temperature changes. Figure 19 and Figure 20 

illustrate the importance of peak temperature in the combustion 

efficiency in HCCI because as the peak temperature decreases the 

oxidation of CO to CO2 greatly decreases, with a threshold 

approximately around 1500 K. This result generally agrees well with  

Sjoberg and Dec who found the temperature threshold for sufficient 

OH concentrations to oxidize the CO was approximately 1500 K [31]. 

Meanwhile, the threshold for thermal NOx production is around 1900 

K. Therefore, these results suggest that HCCI combustion should 

target peak temperatures above 1500 K and below 1900 K, which is a 

relatively narrow range of peak temperature. It is also important to note 

that the parent fuel chemistry did not affect the correlation of CO 

versus peak temperature.  

The EI of total hydrocarbon emissions is shown in Figure 21. 

Unburned hydrocarbon emissions are generated from the cooler areas 

existing in the chamber near the walls or in the crevices between the 

piston and the wall. It is important to note that the top-land crevice on 

this CFR engine is much larger than modern production engines, 

therefore resulting in elevated unburned hydrocarbon emissions. 

Unlike CO, the unburned hydrocarbon emissions show a 

counterintuitive trend with peak temperature and the opposite trend of 

the EICO emissions. Unburned hydrocarbon emissions in HCCI 

combustion are generated from regions of the cylinder with lower 

temperatures, either near the wall or in the crevices. Figure 21 shows 

that as the peak temperature increases, the EIHC emissions increase. 

This result is most likely attributed to the increasing PRF number. The 

color bar shows that the highest PRF number blends produce the 

highest EIHC emissions, whereas the lower PRF number blends 

produce the lowest EIHC. Additionally, the amount of mass stored in 

the crevices, which contribute to the unburned hydrocarbon emissions, 

increases with the higher compression ratios associated with the higher 

PRF number fuels. This crevice storage effect and its trend with 

compression ratio also contributes to the counterintuitive trend in 

Figure 21. These findings show that CO emissions are most directly 

related to the peak temperature to drive the CO oxidation, but are not 

sensitive to the parent fuel; whereas the HC emissions are directly 

related to the parent fuels autoignition chemistry to start the reactions, 

and peak temperature is less of a factor in the HC emissions compared 

to the CO emissions.   

 

Figure 18. Combustion efficiency at different compression ratios versus PRF 

number for all of the data collected 

 

Figure 19. Combustion efficiency vs peak in-cylinder temperature for all of 

the data collected 
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Figure 20. EICO emissions vs peak in-cylinder temperature for all of the data 

collected 

 

 

Figure 21. Unburned hydrocarbon emissions vs peak in-cylinder temperature 

for all of the data collected 

Conclusions 

This paper demonstrates the effects of a wide range of compression 

ratios, intake temperatures, and PRF number fuels on the 

thermodynamics and the combustion process in HCCI combustion. 

Twenty-eight PRF mixtures were tested in a CFR engine in HCCI with 

a constant equivalence ratio and combustion phasing. The 

experimental results were further analyzed using GT-Power to better 

understand the thermodynamics. The following conclusions can be 

drawn from the results:  

1. Intake temperature and/or compression ratio can be used to adjust 

the autoignition timing of PRF fuels over a wide range of 

autoignition properties where higher temperatures and/or 

compression ratios are needed to autoignite higher PRF number 

mixtures in HCCI combustion.  

2. The peak pressure and bulk gas temperature increase with 

compression ratio, which results in higher heat transfer 

coefficients and higher heat loss rates during combustion. 

However, the expansion to lower temperatures for the higher 

compression ratios results in lower heat transfer rates after 

combustion and throughout the expansion process, which 

partially counterbalances the increasing heat transfer with 

compression ratio. The cumulative heat loss increases with 

compression ratio. 

3. The maximum pressure rise rate shows a very strong trend with 

compression ratio, which could potentially allow the increase of 

the maximum load in HCCI by lowering the compression ratio. 

4. Additionally, fuels with significant two-stage ignition can be used 

to decrease the peak heat release and pressure rise rates in HCCI, 

potentially leading to higher maximum loads.  

5. IMEPg decreases with intake temperature due to the lower 

densities, regardless of compression ratio.  

6. The gross thermal efficiency, net thermal efficiency, and net fuel 

conversion efficiency increase with compression ratio and 

decrease with increasing intake temperature. However, the 

increase in efficiency with compression ratio is subtle above a 

compression ratio of 10 because the increasing heat transfer 

losses and decreasing ratio of specific heats partially offset the 

increasing expansion work with higher compression ratios. 

7. The combustion efficiency increases with peak in-cylinder 

temperature with a steeper slope below 1500 K due to the 

oxidation of CO. This trend is independent of the parent fuel. 

8. Unburned hydrocarbon emissions strongly depend on the parent 

fuel’s autoignition chemistry, with less dependence on the peak 

bulk temperature, in contrast to the CO emissions. 

9. The higher peak pressures associated with higher compression 

ratios causes an increase in unburned hydrocarbon emissions due 

to the increase in the crevice storage effect.   
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Definitions/Abbreviations 

IVO Intake valve open 

IVC Intake valve close 

EVO Exhaust valve open 

EVC Exhaust valve close 

TDC Top dead center 

aTDC After top dead center 

HCCI Homogeneous charged 

compression ignition 

CR Compression ratio 

IMEPg Gross indicated mean 

effective pressure 

LTHR Low temperature heat release 

HTHR High temperature heat 

release 

MPRR Maximum pressure rise rate 

MTRR Maximum temperature rise 

rate 

CA50 Crank angle location where 

50% of heat has released 

CAD Crank angle degree 

SI Spark ignition 

CI Compression ignition 

PRF Primary reference fuel 

COV Coefficient of variation 

EI Emission index 

 


