
EXERGY ANALYSIS OF IN-CYLINDER COMBUSTION AND EXHAUST PROCESSES IN 

INTERNAL COMBUSTION ENGINES 

  

 by 

HAMIDREZA MAHABADIPOUR 

SUNDAR RAJAN KRISHNAN, COMMITTEE CHAIR 

KALYAN KUMAR SRINIVASAN, COMMITTEE CO-CHAIR 

JOSHUA A. BITTLE 

MRUTHUNJAYA UDDI 

SWAMINATHAN SUBRAMANIAN 

  

A DISSERTATION 

 

Submitted in partial fulfillment of the requirements 

for the degree of Doctor of Philosophy 

in the Department of Mechanical Engineering 

in the Graduate School of 

The University of Alabama 

 

  

TUSCALOOSA, ALABAMA 

 

2019 

 

 



 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Copyright Hamidreza Mahabadipour 2019 

ALL RIGHTS RESERVED



ii 

 

 

ABSTRACT 

The exergy analysis is a powerful tool for investigating thermodynamic irreversibilities 

and to identify pathways for improving efficiencies of energy systems, including internal 

combustion (IC) engines.  The present study provides a two-pronged methodology to increase 

the work output and FCEs of IC engines. First, a detailed exergy analysis of in-cylinder 

phenomena in an IC engine of in-cylinder phenomena was developed and performed in an IC 

engine operating on an advanced combustion strategy (i.e., diesel-ignited methane dual fuel low 

temperature combustion (LTC).  Second, a combined, experimentally driven, computational 

exergy analysis methodology of exhaust flows to characterize crank angle-resolved exhaust 

exergy was introduce and implemented on a diesel engine.  In this regard, an exergy analysis 

framework is developed to quantify in-cylinder exergy transformations in IC engines.  Then, a 

previously validated zero dimensional, multi zone thermodynamic model of diesel-methane dual 

fuel LTC is used to conduct exergy analysis, study variation of exergy components and 

investigate the effect of operating conditions on in-cylinder exergy distribution and 

irreversibilities. Also, application of exergy analysis is explained and implemented for IC 

engines, considering exhaust waste energy recovery systems for maximizing the overall work 

output.  Furthermore, an important existing knowledge gap by introducing a methodology for 

performing crank angle-resolved exergy analysis of exhaust flows from the perspective of 

exhaust waste energy recovery in diesel engines. The crank angle-resolved specific exergy and 

its thermal and mechanical components are calculated by combining experimental crank angle-

resolved exhaust manifold pressure measurements with 1D system-level (GT-POWER) 
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simulations.  Moreover, the effect of exhaust back-pressure on crank angle-resolved exhaust 

exergy has been investigated at different back pressures for conventional diesel combustion.  

Additionally, exhaust flow specific exergies in the different phases of the exhaust process, the 

total exergy flow rates, and cumulative (time-integrated) exergy were quantified.   Finally, cyclic 

variations in magnitudes of maximum measured exhaust pressure, calculated exhaust 

temperature and phasing of exhaust flow were analyzed.  Also, cyclic variability in exhaust 

exergy components, i.e., thermal and mechanical exergies with the perspective of exhaust WER 

systems were investigated. 
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I 

INTRODUCTION 

 

1.1 The Significance of Exergy Analysis 

The science of thermodynamics has developed with the objective of 

understanding the interrelations between thermal, mechanical, and chemical phenomena.  

The study of process effectiveness of energy systems is one of the main applications of 

engineering thermodynamics.  Traditional techniques to investigate the effectiveness (or 

efficiency) of an energy system are based on the first law of thermodynamics; i.e., the 

energy balance equation.  Energy balance techniques do not differentiate between the 

different grades of energy crossing the system boundary and treat all forms of energy 

equivalently [1].  For example, from a first law perspective, in a power plant working 

based on the Rankine cycle, the work output from the turbine is treated equivalently to 

the heat transfer to the environment from the condenser.  In other words, the low grade 

thermal energy rejected in a condenser of a power plant and the high grade work output 

of the turbine have the same quality based on the first law of thermodynamics.  

Moreover, the energy balance does not provide any information about internal losses.  

Considering only the energy balance in thermodynamic analyses could be potentially 

misleading in the sense that an adiabatic system such as a heat exchanger (with only 

internal heat exchange), a throttling valve, or a combustion chamber may be interpreted 
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as free from losses.  The first law of thermodynamics has been used for a long time for 

investigation of different energy systems [2-4].  By neglecting the kinetic and potential 

energies inside a system, the first law of thermodynamics for an open system can be 

written as [5]: 

 
𝑑𝑈

𝑑𝑡
= �̇�0 + �̇�ℎ𝑡 − 𝑃

𝑑𝑉

𝑑𝑡
+ ∑ �̇�𝑖𝑛 ℎ𝑖𝑛 − ∑ �̇�𝑜𝑢𝑡 ℎ𝑜𝑢𝑡 (1.1) 

where, U is the internal energy, V is the volume and h is the specific enthalpy of the flow 

entering (subscript in) and exiting (subscript out) the system, �̇�0 is the heat transfer 

interaction of the system and environment (a suitably idealized system), and �̇�ℎ𝑡shows 

the rest of the heat transfer interactions of the system with other systems.  In the present 

work, the environment is defined as temperature of 25°C (T0), pressure of 1 bar (P0) and 

is assumed to be composed of O2, N2, CO2, H2O with the mole fractions of 𝑥0,𝑂2
=

0.2035, 𝑥0,𝑁2
= 0.7567, 𝑥0,𝐶𝑂2

= 0.0003, 𝑥0,𝐻2𝑂 = 0.0303, 𝑥0,𝑜𝑡ℎ𝑒𝑟 = 0.0092 [6]. 

The second law of thermodynamics, on the other hand, provides a strong 

foundation to quantify the “quality” of energy transfers and thermodynamic 

irreversibilities in an energy system or process.  For example, the isentropic efficiency is 

a metric based on the second law of thermodynamics than can address the irreversibilities 

associated with (adiabatic) turbines, compressors, pumps or nozzles.  It compares the 

actual performance of a device with what would be achieved under idealized 

circumstances for the same inlet conditions [7].  For instance, the isentropic efficiency of 

a turbine can be defined as the ratio of the actual work output of the turbine and the 

maximum work output for reversible adiabatic (i.e., isentropic) expansion of its working 

fluid.  The second law of thermodynamics can also explain why some processes occur 

spontaneously while others do not do so.  One implication of the second law is that the 



 

3 

total entropy of a system and its surroundings after any process either remains the same 

(at best) or increases.  For ideal (reversible) processes, the total entropy of the system and 

its surroundings remains the same [8].  For decades, the second law has been used for 

comparison of irreversibilities in different energy systems [9-11].  The second law of 

thermodynamics for an open system can be written as [5]: 

 
𝑑𝑆

𝑑𝑡
=

�̇�0

𝑇0
+

�̇�ℎ𝑡

𝑇𝑏
+ ∑ �̇�𝑖𝑛 𝑠𝑖𝑛 − ∑ �̇�𝑜𝑢𝑡 𝑠𝑜𝑢𝑡 + �̇�𝑔𝑒𝑛 (1.2) 

where, s is the specific entropy of the flow entering or exiting the control volume, S is the 

total instantaneous entropy inventory in the control volume, �̇�𝑔𝑒𝑛 is the rate of entropy 

generation within the control volume, and subscripts “0” and “b” indicate the 

environment and boundary, respectively. 

As long as two systems at different thermodynamic states are in contact with each 

other, the opportunity for extracting work exists.  Exergy is defined as the maximum 

theoretical useful work obtained from a combined system consisting of a system of 

interest and an exergy reference environment.  In other words, exergy is defined as the 

maximum work obtainable from a system when it interacts reversibly with the 

environment.  Availability is defined as the maximum work that is available in a system 

or a flow [5].  Therefore, exergy of a system or flow is the difference between the non-

flow availability of the system and the environment.  Non-flow availability (A) and flow 

availability (b) can be obtained by combining the first and second laws of 

thermodynamics.  Therefore, �̇�0 can be extracted from Eq. (1.2) and substituted in Eq. 

(1.1), and arranged to find work output of the system as follows:  
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𝑃
𝑑𝑉

𝑑𝑡
= −

𝑑(𝑈−𝑇0𝑆)

𝑑𝑡
+ (1 −

𝑇0

𝑇𝑏
) �̇�ℎ𝑡 + ∑ �̇�𝑖𝑛 (ℎ𝑖𝑛 − 𝑇0𝑠𝑖𝑛) − ∑ �̇�𝑜𝑢𝑡 (ℎ𝑜𝑢𝑡 − 𝑇0𝑠𝑜𝑢𝑡) −

𝑇0�̇�𝑔𝑒𝑛   (1.3) 

To complete the above equation, 𝑃0
𝑑𝑉

𝑑𝑡
 which is the amount of work transferred to 

the environment should be subtracted from the useful system work: 

(𝑃 − 𝑃0)
𝑑𝑉

𝑑𝑡
= −

𝑑(𝑈+𝑃0𝑉−𝑇0𝑆)

𝑑𝑡
+ (1 −

𝑇0

𝑇𝑏
) �̇�ℎ𝑡 + ∑ �̇�𝑖𝑛 (ℎ𝑖𝑛 − 𝑇0𝑠𝑖𝑛) − ∑ �̇�𝑜𝑢𝑡 (ℎ𝑜𝑢𝑡 −

𝑇0𝑠𝑜𝑢𝑡) − 𝑇0�̇�𝑔𝑒𝑛  (1.4) 

According to Eq. (1.4), 𝑈 + 𝑃0𝑉 − 𝑇0𝑆 is non-flow availability and ℎ − 𝑇0𝑠 is the 

flow availability.  The difference between availabilities of a system or flow at their given 

conditions and at environmental conditions provides the exergy of the system or flow.  

By knowing exergy of different components of a process or whole plant, the exergy 

balance equation can be developed to find different terms such as exergy destruction 

(irreversibilities) or exergy lost due to heat transfer.  Therefore, exergy analysis of a 

process or a whole plant can quantify the available work that has been lost by 

thermodynamic irreversibilities in various parts of the process or the plant.  Over the past 

several decades, exergy analysis has been used for recognizing the source irreversibilities 

in different energy systems and quantifying the maximum work output of different 

energy systems [12-15].  Internal combustion engines are among the most ubiquitous 

prime movers in the world but there is still significant potential to increase the fuel 

conversion efficiency (FCE) of IC engines.  Exergy analysis can provide a detailed 

understanding of the maximum potential work output of an IC engine by quantifying the 

exergy distributions among the various processes occurring during an engine cycle. 
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1.2 Relevance of exergy analysis to heavy duty diesel engines 

Increasing the FCE of IC engines continues to be one of the primary challenges 

faced by engine designers.  In particular, the heavy-duty trucking industry is faced with a 

new paradigm of demonstrating engine technologies to achieve 55% brake thermal 

efficiency (BTE) for future heavy-duty diesel engine trucks under the aegis of the US 

Department of Energy’s ongoing SuperTruck II program [16]. 

To achieve the difficult target of 55% brake FCE, it is necessary to exploit as 

much of the fuel’s chemical exergy that is provided to the engine.  Exergy analysis is a 

useful analytical method that can quantify the crank angle resolved exergy flow within a 

complete engine cycle.  This is especially important during the closed portion of the 

engine cycle from intake valve closure (IVC) to exhaust valve opening (EVO) when most 

of the thermodynamic irreversibilities occur.  On the other hand, engine exhaust flows 

also contain a significant portion of fuel exergy that has the potential to be exploited via 

waste heat recovery to increase the overall work output of an engine.  Exergy analysis of 

IC engines can provide unique information about the various sources of irreversibilities.  

In fact, one of the primary goals of exergy analysis is to devise strategies to minimize 

exergy destruction during engine operation.  This might be achieved by changing the 

engine operating conditions and the combustion process, once the sources of exergy 

destruction are known.  Beside providing avenues for minimizing exergy destruction, 

exergy analysis can also help quantify other portions of fuel exergy that are lost with 

exhaust flow and heat transfer.  Reducing engine heat transfer has been considered as an 

efficiency improvement strategy in IC engines in the past [17-18].  However, exergy 

analysis can provide quantitative information about the actual fraction of fuel exergy that 

is lost with the heat transfer process so that engine designers can determine if targeting 
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engine heat transfer reduction is really worthwhile.  Exhaust flows account for a 

significant fraction of the fuel exergy but they can be partially recovered to augment 

overall engine work output.  As part of the portfolio of strategies being considered to 

enable high FCE operation, various waste energy recovery (WER) systems are 

significant.  Exergy analysis of in-cylinder phenomena can provide a general overview 

about the portion of fuel exergy in the exhaust flow.  Exhaust WER is an important, 

practically feasible FCE improvement strategy and a detailed thermodynamic analysis of 

exhaust exergy flows is needed to inform the design of exhaust WER systems.  

Understanding different components of exhaust exergy flow can help increase the work 

output of exhaust WER systems, which in turn, leads to higher overall engine efficiency.  

By definition, the thermal and mechanical components of exergy are attributed to the 

temperature and pressure differences, respectively, between the system and the 

environment [5] and both exergy components may be relevant for the purposes of exhaust 

WER.  A combination of in-cylinder and exhaust exergy analyses can help with 

potentially increasing the overall FCE of IC engines by changing engine operating 

conditions to minimize in-cylinder exergy destruction and to increase exhaust exergy, as 

needed. 

1.3 Research Objectives and Dissertation Overview 

The exergy analysis approaches discussed above are promising techniques for 

increasing the FCE of IC engines.  It can provide a detailed understanding of the flow of 

different exergy components inside the cylinder and also show how different operating 

conditions can affect exergy destruction, exhaust exergy and work output of an engine.  

While minimizing in-cylinder irreversibilities can potentially be achieved by changing 
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the operating conditions to alter the combustion process, exhaust exergy analysis and 

recovery is required to maximize the overall work output of the engine.  This can be 

accomplished by understanding how different WER systems exploit different portions of 

exhaust exergy flow.  Also, it should be noted that application of WER system in an 

engine affects the exhaust back pressure which results in different distributions of exhaust 

exergy and work output of the engine.  Finally, stability of exhaust WER systems should 

be considered to understand how cyclic variability in engine operation can affect exhaust 

exergy and work output of the engine. 

The present study provides a two-pronged methodology to increase the work output 

and FCEs of IC engines.  The specific objectives of the present dissertation are to: 

1. Develop and perform a detailed exergy analysis of in-cylinder phenomena in an IC 

engine operating on an advanced combustion strategy (i.e., diesel-ignited methane dual 

fuel low temperature combustion (LTC). 

2. Introduce and implement a combined, experimentally driven, computational exergy 

analysis methodology of exhaust flows to characterize crank angle-resolved exhaust 

exergy.   

The following figure shows graphically the specific objectives of the present 

dissertation: 
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Figure 1.1 Specific objectives of the present study 

In this regard, the present dissertation is organized as follows: 

• In Chapter 2, an exergy analysis framework is developed to quantify in-

cylinder exergy transformations in IC engines.  Then, a previously 

validated zero dimensional, multi zone thermodynamic model of diesel-

methane dual fuel LTC [19] is used to conduct exergy analysis, study 

variation of exergy components and investigate the effect of operating 

conditions on in-cylinder exergy distribution and irreversibilities.  Finally, 

practical application of exergy analysis is explained and implemented for 

IC engines, considering exhaust waste energy recovery systems for 

maximizing the overall work output.  The results of this study are under 

review in the Applied Energy journal [20]. 

• In Chapter 3, the crank angle-resolved specific exergy and its thermal and 

mechanical components are calculated by combining experimental crank 



 

9 

angle-resolved exhaust manifold pressure measurements with 1D system-

level (GT-POWER) simulations.  In addition, exhaust flow specific 

exergies in the different phases of the exhaust process, the total exergy 

flow rates, and cumulative (time-integrated) exergy are quantified.  The 

results of this study have been published in the Applied Energy journal 

[21]. 

• In Chapter 4, the effect of exhaust back-pressure on crank angle-resolved 

exhaust exergy has been investigated.  To this end, different back 

pressures are considered for conventional diesel combustion.  

Furthermore, the effect of boost pressure on the thermal and mechanical 

components of exhaust exergy are studied at different back pressures.  The 

exergy available in the different phases of the exhaust process are also 

quantified.  The results of this study have been published in in the ASME 

Journal of Engineering for Gas Turbines and Power [22]. 

• In Chapter 5, cycle-to-cycle variations in magnitudes of maximum 

measured exhaust pressure, calculated exhaust temperature, and phasing of 

exhaust flow are analyzed.  Additionally, cyclic variability in exhaust 

exergy components, i.e., thermal and mechanical exergies with the 

perspective of exhaust WER systems are estimated.  The results of this 

study have been published in the Applied Thermal Engineering journal 

[23]. 

• Chapter 6 provides a summary of key findings and conclusions from the 

present research, and also provides recommendations for future work. 



 

10 

II 

DEVELOPMENT OF AN EXERGY ANALYSIS METHODOLOGY FOR IC 

ENGINES USING A MULTI-ZONE SIMULATION OF DUAL FUEL LOW 

TEMPERATURE COMBUSTION 

 

2.1 Abstract 

Increasing the thermal efficiency of internal combustion (IC) engines is an 

imperative economic and environmental need.  While the first law of thermodynamics 

can help determine the overall efficiency of a system, it does not provide any information 

regarding thermodynamic irreversibilities, which lead to system inefficiencies.  On the 

other hand, exergy analysis can show the flow of available work within a system and as 

well as quantify the sources of exergy destruction.  While some studies in the literature 

focus on exergy analyses of IC engines, additional investigations are needed to 

understand and utilize exergy analysis specifically to determine the most efficient engine 

operating conditions.  In the present study, the authors developed an exergy analysis 

framework that, while generally applicable for all IC engine simulations, was applied for 

the special case of an engine operating on diesel-ignited natural gas (methane) dual fuel 

low temperature combustion (LTC).  In addition, a methodology was introduced to 

determine the most efficient operating conditions (especially for engines with waste 

energy recovery (WER)) based on both the first law efficiency and the exergetic 

efficiency.  For this purpose, a previously validated, multi-zone, thermodynamic 

simulation of diesel-methane dual fuel LTC was used to address the transformation of the 
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total exergy and its various components inside the engine.  To study the effect of engine 

operating conditions on exergy components, the start of injection (SOI) of diesel was 

varied from 300 crank angle degree (CAD) to 340 CAD for a fixed engine load and speed 

(6 bar BMEP and 1700 rev/min).  Then, a systematic exergy analysis was performed on 

the closed engine cycle (including combustion) for all SOIs.  Subsequently, first-law 

efficiency (i.e., indicated fuel conversion efficiency or iFCE) and exergetic efficiency 

were quantified and were utilized to find the most efficient SOI for dual fuel LTC at the 

given engine load/speed conditions.  Results show that for the operating conditions 

considered in this study, about 41-42 percent of the input exergy available inside the 

cylinder at intake valve closure (IVC) was destroyed due to irreversibilities while the SOI 

of 340 CAD exhibited the minimum work exergy and the maximum exhaust exergy at 

exhaust valve opening (EVO).  Finally, the SOI of 310 CAD was identified as the 

maximum efficiency operating point under these conditions with a first law efficiency of 

43.6 percent and an exergetic efficiency of 51.8 percent.  While the present exergy 

analysis methodology is developed specifically for a multi-zone thermodynamic 

simulation of dual fuel LTC, it is generally applicable to both zero-dimensional and 

multi-dimensional combustion models of other combustion modes as well. 

2.2 Introduction 

In recent years and due to environmental concerns, there is a rising demand to 

increase the thermal efficiency of different energy systems.  Internal combustion (IC) 

engines, which are ubiquitous as prime movers worldwide, can be made more efficient in 

different innovative ways, such as application of exhaust waste energy recovery (WER) 

[23-25], variable valve timing [26-27], and novel combustion strategies [28-29].  
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Although the thermal efficiency (more accurately termed the “fuel conversion 

efficiency”) of IC engines has been improved noticeably during the past few decades, 

there is still significant scope for further improvement.  Energy analysis of IC engines 

(based on the first law of thermodynamics) has been used for many decades to quantify 

different portions of the fuel chemical energy that is converted to work, heat, or lost to 

the ambient with the exhaust process.  Although energy analysis is a useful tool for 

studying the efficiency of IC engines, it does not help characterize the important sources 

of thermodynamic irreversibilities.  Thermodynamic irreversibilities, which are 

manifested as “lost available work” (i.e., available work lost permanently in a device or 

process), can be quantified by applying the second law of thermodynamics to a device or 

process.  Therefore, second law analysis can be used to quantify irreversibilities and their 

sources in different IC engines [30-31].  Further, by combining the first and second laws 

of thermodynamics, exergy analysis can be leveraged to identify and reduce the sources 

of inefficiency in IC engines and to maximize their work output.  In other words, exergy 

analysis is well suited for the achieving more efficient resource utilization because it 

addresses the location, type and magnitude of waste and loss [7].  Exergy is defined as 

the maximum theoretical work that could be done by a system if it comes into 

mechanical, thermal and chemical equilibrium with the environment [8].  Therefore, 

exergy is the maximum obtainable work from a given form of energy using the 

environmental parameters as the reference state and is a universal standard of energy 

quality [1]. 

Exergy analysis of traditional IC engines, i.e., spark ignition (SI) and compression 

ignition (CI) engines has been conducted in many research efforts [32-43].  For example, 
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Caton [33] used a multi zone thermodynamic cycle simulation of a four stroke SI engine 

to examine the effect of engine operating parameters on first and second law results.  

Specific enthalpy, entropy, and availability were discussed and entropy production due to 

irreversibilities was quantified.  Ozkan et al. [35] performed experimental energy and 

exergy analyses on a diesel engine to investigate the effect of the dwell times of multiple 

injection events on the efficiencies.  It was found that different injection strategies caused 

reduction in oxides of nitrogen (NOx) emissions and negligible losses in thermal and 

exergetic efficiencies.  In another research effort by Taghavifar et al. [36], a 

multidimensional numerical approach was used to study the effect of eight different bowl 

configurations on the exergy terms as well as soot mass fraction distribution of a diesel 

engine operating at 1500 rpm.  They observed that, with increasing bowl displacement, 

first and second law efficiencies increased by 17.2% and 39.7%, respectively.  Energetic 

and exergetic performance parameters of a four-cylinder, four-stroke SI engine using 

gasoline fuels of three different research octane numbers (RONs) were compared by 

Sayin et al. [38] at engine speeds from 1200 rpm to 2400 rpm.  It was reported that 

operating with high octane number fuel led to higher exhaust exergy loss and higher 

exergy loss due to heat loss and lower exergetic efficiency.  By employing both the first 

and the second laws, Teh et al. [40, 41] performed theoretical studies of IC engine 

processes and found that the primary requirement for minimizing the thermodynamic 

irreversibilities during combustion is to ensure that the internal energy of the reactants is 

increased as much as possible before allowing combustion to occur.  This requirement 

can be met, for instance, by utilizing high compression ratios, which can then result in 

higher fuel conversion efficiencies.  Teh et al. concluded that entropy generation (i.e., 
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exergy destruction) during combustion is directly dependent on the internal energy of the 

reactants at the start of combustion.  Also, it was found that compression work input 

reduced entropy generation and increased work extraction.  Bhatti et al. [42] 

experimentally examined the influence of different compression ratios (6 to 10) and 

engine speeds (1200 rpm- 1800 rpm) based on both energy and exergy approaches in a 4 

stroke SI engine.  The maximum energy and exergetic efficiencies were found at 

compression ratio of 9 and 1200 rpm engine speed.  Also, at compression ratio of 7 and 

1800 rpm engine speed, exergy destruction was found to be maximum. 

Advanced combustion strategies such as dual fuel low temperature combustion 

(LTC), homogeneous charge compression ignition (HCCI), reactivity controlled 

compression ignition (RCCI), partially premixed compression ignition (PPCI) 

combustion strategies promise higher fuel conversion efficiencies and lower engine out 

emissions compared to conventional SI or diesel combustion.  With increasing interest in 

advanced combustion strategies, second law and exergy analyses for these types of 

strategies has also grown [43-51].  

Li et al. [44] compared three different combustion regimes (RCCI, HCCI, and 

conventional diesel combustion) based on energy and exergetic analyses by coupling a 

detailed chemical kinetics mechanism with a multi-dimensional computational fluid 

dynamics (CFD) combustion model.  They observed that, at the same load, HCCI and 

RCCI regimes had lower exergy destruction than conventional diesel combustion due to 

higher proportions of premixed combustion with more homogeneous distributions of 

equivalence ratio and in-cylinder temperature.  Also, while HCCI combustion had the 

highest energy and exergy efficiencies and conventional diesel combustion had the 
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lowest.  Amjad et al. [45] developed a single-zone HCCI combustion simulation with a 

detailed chemical kinetics mechanism to perform exergy analysis of blended n-heptane 

and natural gas fuels at various ratios.  Also, exhaust gas recirculation (EGR) was varied 

from 0 to 40 percent.  Their results showed that, with increasing the amount of natural 

gas, exergy destruction decreased, leading to higher second law efficiencies.  Moreover, 

an optimum EGR percentage was observed vis-à-vis second law efficiency, despite some 

attendant reduction in work output.  Numerical analyses were developed by Yan et al. 

[47] to calculate the exergy loss sources of n-heptane by detailed chemical kinetics and 

reformed molecule HCCI combustion.  They reported that the decomposition of a large 

fuel molecule to smaller molecules during combustion had a significant effect on the 

exergy destroyed by chemical reactions.  Also, it was found that at a compression ratio of 

10, by coordination of multiple control parameters, the second law efficiency increased 

from 36.78% to 45.47%.  Saxena et al. [50] used a multi-zone gasoline chemical kinetic 

HCCI model and developed a crank-angle resolved exergy analysis methodology and 

applied across 300 different engine operating conditions to quantify exergy loss 

mechanisms.  It was found that exergy losses due to combustion ranged between 19% 

and 23% and increased at lower equivalence ratios, higher intake pressures, and higher 

engine speeds.  Also, they demonstrated that exergetic efficiency losses due to 

combustion were insensitive to engine size and combustion timing.  Feng et al. [51] 

performed an exergy analysis of blended n-heptane and iso-octane fuels in an HCCI 

engine using a zero-dimensional single zone model coupled with chemical kinetic 

mechanisms.  They found that for a primary reference fuel (PRF) of 60, the exergy 

destruction was 33.8 % of the fuel chemical exergy, while 41.1%, 19.4%, 5.7% of the 
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fuel chemical exergy was associated with work transfer, exhaust flow, and heat transfer 

loss, respectively.  Also, with increasing iso-octane volume fraction in PRFs (i.e., higher 

PRFs), the irreversibilities increased and the exergy loss associated with heat transfer 

decreased. 

As reviewed above, over the past several decades, exergy analysis has been 

applied in many excellent studies that utilize different types of combustion models to 

investigate thermodynamic irreversibilities in IC engines operating on a variety of 

combustion modes.  However, the open literature lacks a consistent framework for 

performing exergy analysis of IC engines on different combustion modes.  For example, 

in some studies [52,53], the fuel’s mass-specific chemical exergy is approximated as its 

lower heating value (LHV) and the overall fuel chemical exergy is treated as an exergy 

input in the model.  On the other hand, some other studies [54,55] accounted for the 

chemical exergies as well as the physical exergies of all species present inside the 

cylinder, within their exergy analysis framework.  In many studies, while the governing 

exergy equations are described, important details such as the different components of 

exergy (physical, chemical, etc.), the subtle (but important) difference between 

thermodynamic availability and exergy, and the implications of choosing the RDS vs. the 

UDS as the reference state in the exergy analysis are often not discussed in any level of 

detail.  This lack of consistency in the exergy analysis methodology can lead to 

potentially different observations and conclusions from the exergy analysis, especially for 

complicated IC engine simulations, which model complex combustion processes, 

different chemical species, and physical processes with different model approaches and 

assumptions.  The present effort is an attempt to address this deficiency and to achieve a 
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consistent exergy analysis methodology within the scope of a multi-zone thermodynamic 

simulation approach. 

First, a previously validated zero dimensional multi zone model of diesel/methane 

dual fuel LTC is used as the foundation to develop the exergy analysis framework.  

Second, the exergy analysis model is used to quantify the variation of exergy components 

and to investigate the effect of operating conditions on in-cylinder exergy distribution and 

irreversibilities.  Finally, examination of the exergy analysis methodology is discussed 

within the context of identifying the most efficient operating conditions for the dual fuel 

LTC engine, considering exhaust WER.  While the present exergy analysis methodology 

was developed specifically for a multi-zone thermodynamic simulation of dual fuel LTC, 

it is generally applicable to both zero-dimensional and multi-dimensional combustion 

models of other combustion modes as well. 

2.3 Objectives of the Present Work 

The specific objectives of the present work are to: 

1. Develop a general framework for detailed exergy analysis of IC engines 

using a multi-zone thermodynamic simulation. 

2. Apply the exergy analysis to the specific case of diesel-methane dual fuel 

LTC to determine the most efficient operating conditions while 

considering exhaust WER. 

2.4 Multi zone engine simulation 

In the present work, a previously validated multi-zone thermodynamic simulation 

[19] of diesel/methane dual fuel LTC is adapted for performing the exergy analysis.  

Incidentally, the same simulation framework has been used by the authors in a previous 
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study [31] to perform second law analysis of dual fuel LTC to quantify entropy 

generation from various sources.  In diesel-methane dual fuel LTC, a small amount of 

diesel with high cetane number (i.e., high reactivity) is injected in a premixed mixture of 

air and methane with low cetane number (i.e., low reactivity); the diesel first autoignites 

and subsequently the methane-air mixture is ignited.  To achieve separation between the 

diesel injection and combustion events for attaining LTC, the diesel, which accounts for 

2-3 percent of combustion heat release, is injected early (in comparison with 

conventional CI engines) in the compression process.  The zero dimensional model 

simulates different phenomena inside the cylinder in the closed portion of the engine 

cycle from intake valve closure (IVC) to exhaust valve opening (EVO).  Based on the 

crank angle, the multi-zone model consists of an unburned zone, pilot fuel zones 

(packets), a flame zone, and a burned zone.  Both diesel spray combustion and premixed 

turbulent flame propagation are taken into account in the simulation.  Each zone is 

modeled as an open thermodynamic system; therefore, mass transfer is allowed to occur 

between different zones.  The unburned zone contains the homogeneous methane-air 

mixture trapped in the cylinder at IVC.  After start of injection (SOI), the premixed air 

and methane is entrained into the packets from the unburned zone and after the start of 

combustion (SOC), mass transfer occurs from the unburned zone to the flame zone.  

Also, no mass is transferred into the unburned zone in the simulation.  The packets (pilot 

fuel zones) are formed after SOI.  To calculate the entrainment of homogeneous methane-

air mixture into the diesel spray, a spray entrainment model is used [56].  For modeling 

diesel ignition in each packet, the Shell auto-ignition model [57] is used.  After ignition 

in a packet, a single-step global reaction mechanism [58] is adapted to simulate the 



 

19 

combustion of entrained methane along with diesel.  The mass transfer to the packets is 

associated with the unburned zone and with the evaporation of liquid diesel.  It is 

assumed that no interaction occurs between packets throughout the combustion process.  

The flame zone simulates premixed turbulent flame propagation within the methane-air 

mixture and comes into existence after the first onset of ignition in any packet.  To 

simulate methane combustion by premixed turbulent flame propagation, Tabaczynski et 

al.’s model [59] is used.  Mass transfer is considered from the unburned zone to the flame 

zone and from the flame zone to the burned zone.  One time step after SOC, the burned 

zoned is formed due to mass transfer of combustion products from the flame zone.  When 

more than 99.9 percent of the total entrained mass in the flame zone has been burned, 

combustion is assumed to be complete.  Woschni’s correlation [60], based on zone 

temperature and the effective surface area of a given zone, is adapted to model heat 

transfer between each zone and the cylinder wall.  Cylinder contents are considered as 

ideal gas mixtures, whose thermodynamic properties change with temperature and 

components (chemical species).  The NASA polynomial coefficients [61, 62] are used to 

calculate the thermodynamic properties of individual species.  Methane and n-dodecane 

are used as single-component surrogates of natural gas and diesel, respectively. 

Table 2.1 shows the engine specifications, the model input parameters, and 

experimental operating conditions.  To keep a nominal fixed brake mean effective 

pressure (BMEP) of 6 bar for all diesel injection timings (SOIs) at a constant engine 

speed of 1700 rev/min, the natural gas (methane) fueling rates were varied (as shown in 

the table) while the diesel injected quantity was experimentally fixed at 3.3 g/min to 

achieve low NOx emissions. 
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Table 2.1 Engine specifications and operating conditions 

Parameter Value 

Engine Type Single cylinder, four stroke 

Bore x Stroke 137 x 165 mm 

Compression Ratio 14.5:1 

Combustion system Direct injection, Mexican hat 

Valve Train 2 Intake, 2 Exhaust valves 

IVO/ IVC 4 / 217 CAD 

EVO/ EVC 503 / 712 CAD 

Diesel injection pressure 359.5 bar 

Diesel injected quantity 3.3 g/min 

Diesel injection duration 5 CAD 

Natural gas (methane) fueling rate  77.3-94.0 g/min 

Diesel Injection System Electronic, common rail 

Engine Speed  1700 rev/min 

Engine load (BMEP) 6 bar 

Intake manifold pressure 1.81 bar 

Intake manifold temperature 75°C 

 

Figure 2.1 shows a comparison of model-predicted and experimental apparent 

heat release rate (AHRR) and in-cylinder pressure histories for SOI = 300 CAD.  As 

evident from the figure, the model predicted the experimental trends with reasonable 

accuracy; the slight difference between predicted and measured pressures might be due to 

uncertainties in calculated mass trapped at IVC.  Therefore, the model can be used to 

perform the exergy analysis discussed in the next section.  A detailed discussion of the 
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multi-zone simulation of dual fuel LTC and additional comparisons of the experimental 

and predicted results at different operating conditions can be found in Ref. [19]. 

 

Figure 2.1 Comparison of predicted and experimental in-cylinder pressure and AHRR 

at SOI=300 CAD 

2.5 Development of the Exergy Analysis Methodology 

In this section, the exergy analysis methodology and the governing exergy 

equations for various zones in the multi-zone model are developed.  Exergy of an overall 

system (e.g., a zone in the present multi-zone combustion model) plus environment is the 

maximum theoretical work that can be obtained as the system comes to thermal, 

mechanical, and chemical equilibrium with the environment (i.e., the system reaches a 

reference state, usually assumed to be equivalent to the environmental state) [63].  
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Thermal and mechanical equilibria mean that there are no differences in temperature or 

pressure between the system and the environment, respectively.  Chemical equilibrium 

implies that no further chemical reactions are possible and no mass diffusion (due to 

concentration gradients) can occur between the system’s state and the environmental 

state.  That state of a given system in which no work potential exists between the system 

and the environment is called the true dead state or the ultimate dead state (UDS).  In the 

current study, the subscript “0” indicates UDS.  Since exergy is a thermodynamic 

property defined with respect to a specific environmental state (i.e., reference state), to 

rationally quantify the exergy of a system, the environment and its properties should be 

specified unambiguously.  In the present work, following Ref. [6], the environment is 

defined to be at a temperature of 25°C (T0), a pressure of 1 bar (P0) and composed of O2, 

N2, CO2, and H2O with the respective mole fractions of 𝑥0,𝑂2
= 0.2035, 𝑥0,𝑁2

= 0.7567, 

𝑥0,𝐶𝑂2
= 0.0003, 𝑥0,𝐻2𝑂 = 0.0303, 𝑥0,𝑜𝑡ℎ𝑒𝑟 = 0.0092.  Other definitions of the 

environmental state and composition (with specific distinctions in the assumed 

environmental mole fractions of various species) are possible (cf. Ref. [64]); nevertheless, 

the overall exergy analysis methodology discussed in this work would still be valid (of 

course, with minor differences in the calculated exergy values).  Additionally, it must be 

noted that if the system contains any chemical species (e.g., fuels) other than those 

present in the environment, the chemical exergy of such species must be calculated with 

special care as discussed later (e.g., by specially accounting for how such species might 

be transformed into one or more of the environmental species in a chemical reaction). 
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2.5.1 Non-Flow Exergy 

At the outset, it is pertinent to formally distinguish between thermodynamic 

availability and exergy.  Thermodynamic availability is defined as the maximum work 

that is available in a system or a flow.  Non-flow availability (A) and flow availability (b) 

can be obtained by combining the first and second laws of thermodynamics.  By 

neglecting the kinetic and potential energies inside a system, the non-flow availability 

can be written as [5]: 

 𝐴 = 𝑈 + 𝑃0𝑉 − 𝑇0𝑆 (2.1) 

where, U is the internal energy, V is the volume and S is the entropy of the system.   

Therefore, thermodynamic property termed “exergy” of a system is the difference 

between the non-flow availability of the system at a given state and the non-flow 

availability of the same system at UDS [5]:   

 𝐸𝑥 = 𝐴 − 𝐴0 (2.2) 

where Ex is the exergy of the system and the subscript “0” indicates UDS.  Thus, the 

exergy can be obtained by substituting Eq. (2.1) in Eq. (2.2):  

 𝐸𝑥 = (𝑈 + 𝑃0𝑉 − 𝑇0𝑆) − (𝑈0 + 𝑃0𝑉0 − 𝑇0𝑆0) (2.3) 

Another form in which exergy may be expressed is by considering the definition 

of Gibbs free energy (G) of the system at the UDS (G0 = U0 + P0V0 – T0S0) and 

substituting in Eq. (2.3). 

  𝐸𝑥 = (𝑈 + 𝑃0𝑉 − 𝑇0𝑆) − 𝐺0 (2.4) 

For a multi-component mixture with different species at a given state, the Gibbs 

free energy can be written as the summation of product of the chemical potentials of 
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different species and their respective number of moles at that state.  Thus, the final form 

of Eq. (2.4) for exergy inside a system is written as: 

 𝐸𝑥 = (𝑈 + 𝑃0𝑉 − 𝑇0𝑆) − ∑ 𝑁𝑖
𝑛
𝑖=1 𝜇0,𝑖 (2.5) 

where subscript i is the species index, μ0,i and Ni are the chemical potential and the 

number of moles of species i, respectively, at the UDS. 

Based on the definition of exergy, it can be divided into two components: physical (or 

thermomechanical) exergy and chemical exergy. 

 𝐸𝑥 = 𝐸𝑥𝑃𝐻 + 𝐸𝑥𝐶𝐻 (2.6) 

Physical exergy is the maximum work obtainable from a system when it attains a 

state that would be in thermal and mechanical equilibria with the environment.  In other 

words, the temperature and pressure of the system reach the corresponding environmental 

values.  This state of the system is called the restricted dead state (RDS) (indicated by the 

superscript “*” in the present work).  For the specific environment chosen in the present 

study, the RDS property values are: T* = 25°C and P* = 1 bar.  Chemical exergy is the 

maximum work obtainable from a system when it attains complete chemical equilibrium 

with the environment.  In other words, chemical equilibrium occurs when the Gibbs free 

energy of the system equals that of the environment; i.e., the system reaches the UDS. 

To better understand how to calculate different components of exergy, Figure 2.2 

shows the relation between a given state of a system, its RDS, and its UDS.  As shown in 

the figure, to calculate physical exergy, a theoretical process is contemplated in which the 

temperature and pressure of the system change from its given state to the RDS; however, 

the system’s chemical composition (i.e., the mole fractions of various species in the 

system) do not change in this process.  On the other hand, to calculate the chemical 



 

25 

exergy of the system, another theoretical process is contemplated in which the system’s 

composition (i.e., the species mole fractions) changes from the RDS to the UDS while the 

system’s temperature and pressure remain constant at T* = T0 = =25°C and P* = P0 = 1 

bar.  Therefore, the physical exergy can be expressed as follows: 

 𝐸𝑥𝑃𝐻 = (𝑈 + 𝑃0𝑉 − 𝑇0𝑆) − (𝑈∗ + 𝑃0𝑉∗ − 𝑇0𝑆∗) (2.7) 

Substituting P0 = P* and T0 = T* in the second term of Eq. (2.7) yields: 

 𝐸𝑥𝑃𝐻 = (𝑈 + 𝑃0𝑉 − 𝑇0𝑆) − 𝐺∗ (2.8) 

 𝐸𝑥𝑃𝐻 = (𝑈 + 𝑃0𝑉 − 𝑇0𝑆) − ∑ 𝑁𝑖
𝑛
𝑖=1 𝜇𝑖

∗ (2.9) 

 

Figure 2.2 Illustration of a multi component reactive system at Given State, RDS and 

UDS 

As shown in Figure 2.2 and explained before, the chemical composition of the 

system at a given state and the RDS are the same (i.e., Ni = Ni*).  This fact should be 

taken into consideration while using Eq. (2.9). 
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According to Eq. (2.6), the chemical exergy is the difference between the total exergy in 

the system and the physical exergy: 

 𝐸𝑥𝐶𝐻 = 𝐸𝑥 − 𝐸𝑥𝑃𝐻 (2.10) 

By substituting Eq. (2.5) and Eq. (2.9) in Eq. (2.10), we get: 

 𝐸𝑥𝐶𝐻 = ∑ 𝑁𝑖
𝑛
𝑖=1 𝜇𝑖

∗ − ∑ 𝑁𝑖
𝑛
𝑖=1 𝜇0,𝑖 (2.11) 

As mentioned before and as evident from Eq. (2.11), as long as the Gibbs free 

energy of the system at the RDS is different from the Gibbs free energy of the same 

system at the UDS, the chemical exergy of the system is finite.  However, since the 

chemical composition of the system at the RDS and the UDS are not necessarily the 

same, the chemical exergy should be calculated with more attention.  Depending on 

whether the chemical species exist in the environment, the chemical exergy can be 

evaluated in 2 ways as describe below: 

2.5.1.1 Evaluation of chemical exergy for species that exist in environment 

For the chemical exergy of species of a system at the RDS which also exist in the 

environment, the chemical exergy can be calculated by using Eq. (2.11).  For example, 

consider a certain system in which the O2, N2, CO2, and H2O mole fractions at the RDS 

are different from the corresponding mole fractions for the same system at the UDS.  In 

this scenario, there is finite theoretical work, which can be extracted through “a 

conceptual semi permeable membrane” that separates the system at the RDS and the 

environment (at the environmental state, which is equivalent to UDS) until the system 

reaches the UDS.  To determine the chemical exergy in such condition, Eq. (2.11) can be 

utilize with along with the following equation for chemical potentials of species at the 

RDS and UDS, respectively.   
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 𝜇𝑘
∗ (𝑇∗, 𝑃∗, 𝑥𝑘

∗) = �̅�𝑘(𝑇∗, 𝑃∗) + �̅�𝑇0 𝑙𝑛(𝑥𝑘
∗) (2.12) 

 𝜇0,𝑘(𝑇0, 𝑃0, 𝑥0,𝑘) = �̅�𝑘(𝑇0, 𝑃0) + �̅�𝑇0 𝑙𝑛(𝑥0,𝑘) (2.13) 

By substituting the chemical potentials in Eq. (2.11) and assuming an ideal gas 

mixture for the environmental species, the chemical exergy can be calculated as follows 

[65]: 

 𝐸𝑥𝐶𝐻 = �̅�𝑇0 ∑ 𝑁𝑘
𝑛
𝑘=1 𝑙𝑛 (

𝑥𝑘
∗

𝑥0,𝑘
) (2.14) 

where, subscript k refers to all species in the system which also exist in the environment, 

�̅� is the universal gas constant (i.e., 8.314 
kJ

kmolK
), 𝑥𝑘

∗  is the mole fraction of the species k 

at the RDS and 𝑥0,𝑘 is the mole fraction of the species k at the UDS (i.e., the same as the 

environment). 

2.5.1.2 Evaluation of chemical exergy for species that do not exist in 

environment 

For the chemical exergy of species of a system at the RDS which do not exist in 

the environment, the chemical exergy can be obtained by considering either oxidation or 

reduction reactions.  Typically, for the fuels and other species that can oxides (e.g., CO, 

H, etc.) a complete oxidation of the species with diatomic oxygen (O2) is assumed. For 

species that need to be reduced, a reduction reaction will be assumed (e.g., NO, OH, etc.). 

This is similar to finding the chemical exergy of fuels.  For example, consider a device 

which 1 mole of hydrocarbon fuel (CaHb) at the RDS which reacts with O2 at the UDS 

and changed to products at UDS in a complete combustion process as follows [5]: 

 𝐶𝑎𝐻𝑏 + (𝑎 +
𝑏

4
) 𝑂2 →  𝑎𝐶𝑂2 +

𝑏

2
 𝐻2𝑂(𝑣𝑎𝑝𝑜𝑟) (2.15) 
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In this case, the chemical exergy is the maximum reversible work from complete 

combustion of the fuel, which is equal to the change in Gibbs free energy between the 

reactants and the products [5]: 

 𝑒𝑥̅̅ ̅𝐶𝐻,𝐶𝑎𝐻𝑏
= 𝜇𝐶𝑎𝐻𝑏

+ (𝑎 +
𝑏

4
) 𝜇O2

− 𝑎𝜇CO2
−

𝑏

2
𝜇𝐻2𝑂 (2.16) 

where 𝑒𝑥̅̅ ̅𝑐ℎ,𝐶𝑎𝐻𝑏
 is the specific molar chemical exergy of the fuel, a is the number of C 

atoms and b is the number of H atoms in the hydrocarbon fuel species. 

In Eq. (2.16), the chemical potential of the fuel should be calculated as a single 

chemical species at the RDS, while the chemical potential of the rest of the species 

should be calculated in their respective conditions found in the environment (i.e., with 

their respective mole fractions at the UDS).  After calculating the chemical exergy for 1 

mole of fuel, the total chemical exergy of the fuel 𝐸𝑥𝑐ℎ,CaHb can be calculated by 

multiplying the number of moles of each species (e.g., fuel) by their corresponding 

specific chemical exergies: 

 𝐸𝑥𝐶𝐻 = ∑ 𝑁𝑗
𝑛
𝑗=1 𝑒𝑥̅̅ ̅𝑐ℎ,𝐶𝑎𝐻𝑏

 (2.17) 

where, subscript j indicates different species in the system which do not exist in the 

environment.  

In the present work, CH4 (methane) and C12H26 (n-dodecane) are used to model 

natural gas and diesel, respectively.  Thus, Eq. (2.17) is used to calculate the chemical 

exergy of these fuels at different zones and crank angles. 

Based on the chemical exergy calculation approaches discussed above, the total 

chemical exergy inside a system can be obtained by summing the chemical exergies 

obtained from Eqs. (2.14) and (2.17).  As mentioned before, after finding the physical 
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and chemical exergies of a system, the total exergy can be calculated by summing them 

using Eq. (2.6). 

2.5.2 Flow Exergy 

The procedure to find the exergy of a flow is similar to the aforementioned 

procedure to calculate the non-flow exergy of a system.  First, the physical and chemical 

exergies of a flow should be calculated and then added together to find the total exergy of 

a flow.  Flow exergy should be calculated for a single component stream and later 

summed up in the exergy balance equation.  Since mass flow rates will be considered in 

the exergy balance equation for flows, the following discussion deals with mass-specific 

flow exergy equations.  

The flow exergy is the difference between the flow availability of the stream and 

that of the same stream at the UDS [5].  The flow availability can be written as: 

 𝑏 = ℎ − 𝑇0𝑠 (2.18) 

where, b is the flow availability, h is specific enthalpy, and s is the specific entropy of a 

stream, while the subscript “0” indicates the UDS.  Therefore, the specific exergy of a 

flow becomes: 

 𝑒𝑥𝑓,𝑖 = 𝑏𝑖 − 𝑏0,𝑖 = (ℎ𝑖 − 𝑇0𝑠𝑖) − (ℎ0,𝑖 − 𝑇0𝑠0,𝑖) (2.19) 

where exf,i is the specific flow exergy for the ith species in a stream and subscript i 

indicates all different species in the flow. 

Specific exergy of a flow can be divided to physical and chemical components. 

 𝑒𝑥𝑓,𝑖 = 𝑒𝑥𝑓,𝑖 𝑃𝐻 + 𝑒𝑥𝑓,𝑖 𝐶𝐻 (2.20) 

 𝑒𝑥𝑓,𝑖 𝑃𝐻 = (ℎ𝑖 − 𝑇0𝑠𝑖) − (ℎ𝑖
∗ − 𝑇0𝑠𝑖

∗) (2.21) 
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 𝑒𝑥𝑓,𝑖 𝑃𝐻 = (ℎ𝑖 − 𝑇0𝑠𝑖) − (𝑔𝑖
∗) (2.22) 

Since the chemical potential is mole-based, Eq. (2.22), in terms of chemical 

potential, will be [5]:  

 𝑒𝑥𝑓,𝑖 𝑃𝐻 = (ℎ𝑖 − 𝑇0𝑠𝑖) −
𝜇𝑖

∗

𝑀𝑖
 (2.23) 

where Mi is the molecular weight of the ith species in the stream. 

Specific chemical exergies for the kth species in a stream can be calculated 

(similar to Eq. (2.14)) by considering all the species in the flow at the RDS, which also 

exist in the environment: 

 𝑒𝑥𝑓,k 𝐶𝐻 =
�̅�

𝑀𝑘
𝑇0𝑙𝑛 (

𝑥𝑘
∗

𝑥0,𝑘
) (2.24) 

Also, Eq. (2.16) can be used to calculate the specific chemical exergy of those 

species (such as fuels) in the flow which do not exist in the environment: 

 𝑒𝑥𝑓,𝑗 𝐶𝐻 =
𝑒𝑥̅̅̅̅ 𝑗,𝑐ℎ,𝐶𝑎𝐻𝑏

𝑀𝑗
 (2.25) 

where, 𝑒𝑥̅̅ �̅�,𝑐ℎ,𝐶𝑎𝐻𝑏
 is the specific fuel chemical exergy of the jth species.  

After determining the non-flow exergy of a given zone and the flow exergy of 

different streams interacting with that zone, the exergy balance equation should be 

considered for each zone to calculate the different exergy terms.  By combining the first 

and the second laws of thermodynamics, and by considering the exergies of the system 

and flows, the crank angle-resolved exergy balance equation can be written as [5]: 

 
𝑑𝐸𝑥

𝑑𝜃
= 𝐸�̇�𝑄 − 𝐸�̇�𝑊 + ∑ (�̇�𝑖𝑒𝑥𝑓,𝑖)𝑖𝑛

𝑛
𝑖=1 − ∑ (�̇�𝑖𝑒𝑥𝑓,𝑖)𝑜𝑢𝑡

𝑛
𝑖=1 − 𝐸�̇�𝐷 (2.26) 

where, 
𝑑𝐸𝑥

𝑑𝜃
 is the rate of change of non-flow exergy inside a zone (i.e., control volume) 

calculated using Eqs. (2.6), (2.9), (2.14), and (2.17), 𝐸�̇�𝑄 is the rate of exergy transfer due 
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to heat transfer, 𝐸�̇�𝑤 is the rate of exergy transfer due to work transfer, 

∑ (�̇�𝑖𝑒𝑥𝑓,𝑖)𝑖𝑛

𝑛
𝑖=1   is the rate of flow exergy transferred due to mass transfer into the zone, 

∑ (�̇�𝑖𝑒𝑥𝑓,𝑖)𝑜𝑢𝑡

𝑛
𝑖=1   is the rate of flow exergy transferred due to mass transfer out of the 

zone, and 𝐸�̇�𝐷 is the rate of exergy destruction in the zone.  The flow exergy transfers, in 

turn, are calculated as follows: 

 ∑ �̇�𝑖𝑒𝑥𝑓,𝑖 = ∑ �̇�𝑗𝑒𝑥𝑓,𝑗
𝑛
𝑗=1

𝑛
𝑖=1 + ∑ �̇�𝑘𝑒𝑥𝑓,𝑘

𝑛
𝑘=1  (2.27) 

where, index i refers to all different species in the flow, index k refers to the species in the 

flow that exist in the environment, and index j refers to the species in the flow that do not 

exist in the environment.  The specific flow exergy terms are calculated using Eqs. (2.20), 

(2.23), (2.24), and (2.25). 

The other terms in the exergy balance equation are expressed as follows: 

 𝐸�̇�𝑊 = (𝑃 − 𝑃0)
𝑑𝑉

𝑑𝜃
 (2.28) 

 𝐸�̇�𝑄 = (1 −
𝑇0

𝑇𝑏
) �̇� (2.29) 

 where, P is the instantaneous zone pressure, and Tb is the boundary temperature of the 

zone (assumed to equal the zone temperature).  Equation (28) represents the exergy 

transfer due to work transfer as the difference between the net rate of work delivered by 

the system and the rate of work done by the system against the atmosphere (which is not 

useful).  The exergy transfer due to heat transfer, shown in Eq. (2.29), is usually 

interpreted as the work delivered by a “conceptual Carnot heat engine cycle” that 

operates between the temperature reservoirs Tb and T0 (assuming Tb > T0) and receives �̇� 

as the rate of heat transferred from the high temperature reservoir Tb.  If Tb < T0, then the 
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Carnot efficiency term multiplying �̇� in the right hand side of Eq. (2.29) becomes 

(1 −
𝑇𝑏

𝑇0
).  In the context of the present multi-zone simulation of dual fuel LTC, the Tb is 

always greater than T0 for all zones; however, the heat transfer can occur either into or 

out of a given zone depending on the relative magnitudes of the temperatures of the zone 

and the cylinder walls. 

2.6 Results and Discussion 

In this section, the results obtained from application of the exergy analysis 

methodology to the multi-zone simulation of diesel-methane dual fuel LTC are presented.  

It will be shown that exergy analysis can not only provide significant insights into the 

transformation of exergy inside the engine but also the distribution of different exergy 

components and lost available work (exergy destruction).  To study the effects of engine 

operating conditions on efficiency from an exergetic viewpoint, the diesel SOI was 

chosen for parametric variations.  Experiments were conducted on a single cylinder 

research engine (SCRE) at a constant BMEP of 6 bar while SOI was changed from 300 

CAD to 340 CAD [66].  For these experiments, the engine speed was fixed at 1700 

rev/min, the diesel mass flow rate was 3.3 g/min, and the methane flow rate changed 

from 77.3 to 94.0 g/min.  Also, for all experiments, the intake temperature and the boost 

pressure were fixed at 75°C and 1.81 bar, respectively.  More information about the 

engine specifications and operating conditions are provided in Table 2.1.  

2.6.1 In-Cylinder Exergy Transformation Histories 

Figure 2.3 shows the transformation of exergy inside the SCRE at SOI=300 CAD.  

Only the closed portion of engine cycle (i.e., from IVC to EVO) was simulated.  The 
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distribution of four cumulative exergy components are shown with respect to crank angle: 

exergy inside the cylinder (called total exergy), exergy transfer due to heat transfer, 

exergy transfer due to work transfer, and exergy destruction.  It should be noted that 

based on Eq. (2.6), exergy is divided into chemical and physical exergies.  Therefore, 

different components of in-cylinder total exergy (i.e., chemical and physical exergies) are 

shown as well.  At IVC, the initial conditions of the methane-air mixture trapped inside 

the cylinder were 1.81 bar pressure and 75°C temperature.  Thus, at IVC both chemical 

exergy (5.57 kJ) and physical exergy (0.06 kJ) of the mixture were finite, although the 

total exergy was dominated by the chemical exergy (especially, due to the presence of 

methane at IVC).  During compression and up to SOI, the chemical exergy of the mixture 

remained constant while the physical exergy increased due to increase of pressure and 

temperature inside the cylinder.  Therefore, the total exergy inside the cylinder increased 

slightly because of the increase in the physical exergy of mixture.  Also, it should be 

noted that exergy transfer due to work transfer was negative because, during 

compression, work is transferred into the cylinder contents.  In other words, the increase 

of in-cylinder physical exergy during compression was due to work exergy transferred 

into the mixture.  At 300 CAD (i.e., SOI), the diesel was injected into the methane-air 

mixture.  Consequently, the in-cylinder chemical exergy increased from 5.57 kJ to 5.75 

kJ, an increase of 0.18 kJ or ~3.2%.  This increase in chemical exergy is consistent with 

the fact that for these diesel-methane dual fuel LTC operating conditions, ~97% of the 

total fuel chemical energy is supplied by methane while diesel, which merely acts as an 

ignition source, accounts for only ~3%.  The chemical exergy remained constant until 

SOC (~350 CAD) after which it decreased rapidly due to fuel consumption in the 
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combustion process.  After SOC, when the chemical exergy started to decrease, the 

physical exergy increased and peaked just after TDC when chemical exergy reached its 

minimum.  This crank angle corresponds to the end of combustion (EOC), after which 

chemical exergy remained constant because no reactions occur after EOC.  In-cylinder 

exergy destruction increased quickly after SOC and reached its maximum at EOC; this 

trend was also observed at other SOIs (not shown here).  From these trends, it can be 

concluded that the primary source of in-cylinder exergy destruction is the combustion 

process itself.  Incidentally, in the literature, sometimes in-cylinder exergy destruction in 

engines is typically referred to as combustion irreversibility.  Exergy destruction due to 

combustion is inevitable and as long as a fuel reacts and is transformed to combustion 

products, a portion of its chemical exergy will be lost. 
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Figure 2.3 In-cylinder exergy transformation histories for SOI = 300 CAD 

Exergy transfer due to heat transfer was negligible up to SOC but increased in 

magnitude because the in-cylinder temperature increased (note that exergy transfer due to 

heat transfer out of the system; therefore, it was negative).  Figure 2.3 shows that near 

SOC, the total exergy inside the cylinder was maximum, after which it decreased mostly 

due to exergy destruction and exergy transfer due to work transfer (which changed from 

negative (and into the system) to positive (and out of system) at the end of the cycle.  At 

EVO (the end of the closed cycle), the work exergy transferred out of the system is 

essentially complete while heat transfer exergy and exergy destruction indicate the 

amount of exergy which has been permanently lost.  Also, total in-cylinder exergy at 

EVO is a reasonable measure of the amount of exergy in the exhaust.  The variations of 
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chemical and physical exergies indicated that at EVO, both chemical and physical 

exergies remained positive, implying that the exhaust flow will likely contain both exergy 

components. 

2.6.2 Operating conditions effect  

The effects of diesel SOI on engine operation and exergy components are studied 

by changing the SOI from 300 CAD to 340 CAD in steps of 10 CAD.  As mentioned 

before, diesel mass flow rate was kept constant at 3.3 g/min while methane mass flow 

rate varied as shown in Figure 2.6 to ensure a fixed engine BMEP of 6 bar. 

Figure 2.4 and Figure 2.5 show the variations of in-cylinder temperature and 

pressure, respectively.  The reason for discussing in-cylinder temperature and pressure 

trends are to help explain physical exergy trends later.  It can be seen that the maximum 

temperature at different SOIs was less than 1700 K.  For the mentioned operating 

conditions, the minimum methane mass flow rate (i.e., 77.3 g/min) was required at SOI= 

310 CAD and the maximum methane mass flow rate (i.e., 94.0 g/min) was required at 

SOI=340 CAD.  Figure 2.4 shows that near firing top dead center (TDC), the minimum 

temperature occurred for SOI=340 and while the peak in-cylinder temperature occurred 

with SOI advancement to 320 CAD.  Further advancement of SOI to 300 CAD caused 

the peak temperature to decrease.  The same behavior can be observed for the in-cylinder 

pressure shown in Figure 2.5.  While at SOI=340 CAD, the in-cylinder pressure was 

minimum, with advancing the SOI, the peak in-cylinder pressure occurred at SOI=320 

CAD.  Further advancement of SOI led to reduction of the peak in-cylinder pressure. 
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Figure 2.4 In-cylinder temperature variation vs. CAD at different SOIs 
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Figure 2.5 In-cylinder pressure variation vs. CAD at different SOIs 

The temperature and pressure variations inside the cylinder can be explained by 

considering the mass burn rate in the combustion process.  The crank angle at which 50 

percent of cumulative heat release occurs (CA50) is an important combustion metric, 

commonly known as the combustion phasing.  Figure 2.6 shows that at SOI = 340 CAD, 

CA50 occurred at ~391 CAD and relatively far from 360 CAD (firing TDC).  Therefore, 

not even one-half of the combustion heat release occurs until quite late in the expansion 

process, resulting in low peak temperature and peak pressure near firing TDC.  For this 

reason, a higher methane fueling rate was needed maintain the engine at 6 bar BMEP as 

shown in Figure 2.6.  With SOI advancement to 320 CAD, CA50 advanced and reached 

to a minimum of ~364 CAD at SOI = 320 CAD.  At SOI = 310 CAD, the methane mass 
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flow rate was minimum while CA50 started to retard slightly from firing TDC and 

occurred around 365 CAD.  Further advancement of SOI to 300 CAD led to CA50 to 

occur around 372 CAD, which resulted in a higher methane fueling requirement yet 

again. 

 

Figure 2.6 CA50 and NG mass flowrates at different SOIs 

Figure 2.7 shows the in-cylinder total exergy variation at different SOIs.  At each 

crank angle, the total in-cylinder exergy was the highest at SOI=340 CAD.  Then SOI= 

300 CAD and SOI=330 CAD had similar total in-cylinder exergy histories.  The small 

deviations observed in the exergy distributions were due to differences in the timing of 

diesel injection, which increased the exergy of the in-cylinder mixture at different CAD.  

At SOI=330 ACD, the peak exergy inside the cylinder occurred earlier than SOI=300 
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CAD because CA50 occurred earlier at SOI=330 CAD.  Subsequently, SOI=320 CAD 

and SOI=310 CAD had similar in-cylinder exergy histories.  Since the CA50s for these 

SOIs were close to each other, the peak in-cylinder exergies were quite close as well.  To 

better discuss the behavior of mixture exergy inside the engine, the different components 

of total in-cylinder exergy (i.e., chemical and physical) should be considered. 

 

Figure 2.7 In-cylinder exergy variation vs. CAD at different SOIs 

Figure 2.8 and Figure 2.9 show the physical and chemical exergy variations inside 

the cylinder at different SOIs.  Figure 2.8 shows that although the total exergy of the 

mixture was higher at SOI=340 CAD, the physical exergy was minimum around TDC 

and then was higher compared to the rest of SOIs.  This behavior can be explained by 

considering the significantly different history of in-cylinder temperature due to late 
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combustion phasing (CA50) at SOI=340 CAD as evident from Figure 2.4.  Figure 2.9 

shows that before TDC, chemical exergy inside the cylinder was higher at SOI=340 CAD 

because more methane was introduced to keep BMEP at 6 bar.  The increase in the 

chemical exergy near SOI was due to injection of diesel.  The specific combination of 

physical and chemical exergies at SOI=340 resulted in higher amount of exergy inside 

the cylinder.  Figure 2.8 and Figure 2.9 show that SOI=330 CAD and SOI=300 CAD had 

similar physical and chemical exergy distributions.  The peak of chemical exergy was 

higher at SOI=330 CAD due to a greater quantity of methane in the mixture.  At 

SOI=310 CAD and SOI=320 CAD, physical and chemical exergies had similar 

distributions due to similar combustion behavior (CA50) and methane fueling rates.  In 

Figure 2.9, the quick reduction of chemical exergy during combustion was due to 

consumption of fuel.  In other words, the chemical exergy histories show the start of 

combustion and how rapidly it occurred.  Accordingly, at SOI=310 CAD and SOI=320 

CAD combustion occurred earlier and faster while SOI= 340 CAD had the slowest and 

most delayed combustion. 
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Figure 2.8 In-cylinder physical exergy variation vs. CAD at different SOIs 
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Figure 2.9 In-cylinder chemical exergy variation at different SOIs 

2.6.3 Detailed Examination of Exergy Parameters 

2.6.3.1 Exergy distribution 

Exergy analysis can provide unique information regarding the exergy flows 

associated with different phenomena (e.g., heat transfer, work transfer, etc.) occurring 

within an energy system.  The distribution of these exergy flows is graphically 

represented in a Sankey diagram [67].  Figure 2.10 shows the exergy Sankey diagram at 

the early SOI of 300 CAD, illustrating how the exergy input into the engine is distributed 

among different outflows such as heat transfer, exhaust, work output, and exergy 

destruction (irreversibilities).  As evident from Figure 2.10, the flow exergy originating 

from the higher-than-ambient intake pressure and temperature (simulating turbocharged 

engine operation) accounted for only 1 percent of total exergy input, while the remainder 
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(99 percent) originated from the fuels (diesel and methane).  It is observed that 40.8 

percent of the total exergy input was permanently destroyed due to thermodynamic 

irreversibilities.  In addition, 5.8 percent of total exergy input was lost due to heat 

transfer, which was also not recoverable.  Only, 38.5 percent of total exergy input 

translated to available work.  Also, 14.9 percent of total exergy input existed in the 

exhaust which can potentially be recovered at least partially in a WER system.  Figure 

2.11 shows the exergy Sankey diagram for the late SOI of 340 CAD.  Since the amount 

of methane was higher in this case, the total exergy input contained a slightly higher 

portion of fuel exergy.  Comparing Figure 2.10 and 2.11, it is evident that while exergy 

destruction and exergy transfer due to heat transfer were almost invariant, the exergy 

transfer due to work transfer was significantly lower while the exhaust exergy was higher 

for SOI = 340 CAD. 

 

Figure 2.10 Exergy Sankey diagram at SOI=300 CAD 
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Figure 2.11 Exergy Sankey diagram at SOI=340 CAD 

Figure 2.12 shows the exergy distribution for different SOIs.  This figure provides 

an overall comparison between different exergy components while SOI was advanced 

from SOI=340 CAD to SOI=300 CAD.  The most efficient operating conditions for an 

engine will be a point with minimum exergy destruction and exergy losses due to heat 

transfer.  For the current operating conditions, the exergy destruction was nearly invariant 

(~41-42 percent of the total exergy input).  Therefore, it can be concluded that SOI 

variation did not significantly affect the exergy destruction during the closed cycle.  As 

discussed before, the exergy transfer due to work transfer was minimum at late SOIs due 

to late CA50.  However, the portion of exergy in the exhaust was maximum and the heat 

transfer exergy was minimum at SOI=340 CAD, (22.3 percent and 4.3 percent of the total 

exergy inputs, respectively).  With advancement of SOI to 320 CAD, the work exergy 

percentage increased from 31.6 percent to 40.0 percent while the exhaust exergy reduced 

to 11.4 percent, and heat transfer exergy increased to 7.1 percent of the total exergy 
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inputs.  Further advancement of SOI to 300 CAD resulted in reduction of work exergy to 

38.5 percent, and heat transfer exergy to 5.8 percent while the exhaust exergy increased 

to 14.9 percent of the total exergy inputs.  The maximum percentage of work exergy 

occurred at SOI=310 CAD with 40.3 percent of total exergy input. 

 

Figure 2.12 Exergy distribution at different SOIs 

2.6.3.2 Exergetic Efficiency  

Exegetic efficiency (also called second law efficiency) is an effective metric to 

compare the performance of an engine from the exergy concept perspective.  Similar to 

first law efficiency (also known as indicated fuel conversion efficiency (iFCE)), exergetic 

efficiency can be used to compare engines with different size and combustion strategies, 

e.g., conventional IC engines or LTC engines.   
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The exergetic efficiency has been defined in different ways in the literature.  It 

has been often defined as the ratio of the work output (either indicated or brake), which is 

the main purpose of IC engines, to the chemical exergy of fuel input into the engine [68]: 

 𝜀1 =
𝑊𝑖𝑛𝑑𝑖𝑐𝑎𝑡𝑒𝑑

𝐸𝑥𝑓𝑢𝑒𝑙
 (2.31) 

where, ɛ1 shows one definition of exergetic efficiency in IC engines, Windicated is the 

indicated work output and Exfuel is the fuel chemical exergy input to the system. 

As explained before and shown in Eq. (2.16), the chemical exergy of a fuel is calculated 

based on complete reaction of fuel with diatomic oxygen.  Based on Eq. (2.15), the lower 

heating value (LHV) can be determined by calculating the change in enthalpy of reactants 

and products.  Therefore, the chemical exergy of a hydrocarbon fuel can be calculated 

based on LHV.  For example, chemical exergy of gaseous (CaHb) can be determined as 

follows [69]: 

 𝑒𝑥̅̅ ̅𝑐ℎ,𝐶𝑎𝐻𝑏
= (1.033 + 0.0169

𝑏

𝑎
−

0.0698

𝑎
)  𝐿𝐻𝑉 (2.32) 

where, 𝑒𝑥̅̅ ̅𝑐ℎ,𝐶𝑎𝐻𝑏
 is the specific chemical exergy of the fuel, a is the number of C atoms 

in the fuel, and b is the number of H atoms in the fuel.  Considering the fact that the fuel 

chemical exergy is very similar in magnitude to the LHV of the fuel, Eq. (2.31) provides 

similar trends and may be interpreted as essentially the same as the iFCE, which is 

defined as follows [70]: 

 iFCE=
𝑊𝑖𝑛𝑑𝑖𝑐𝑎𝑡𝑒𝑑

𝑛𝑓 𝐿𝐻𝑉
 (2.33) 

where nf is the number of moles of fuel inside the cylinder. 

Another definition of exergetic efficiency is based on the work output, exhaust 

exergy and total exergy input into the engine [71]: 
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 𝜀2 =
𝐸𝑥𝑤+𝐸𝑥𝑒𝑥ℎ

𝐸𝑥𝑓𝑢𝑒𝑙
 (2.34) 

where, ɛ2 is an alternative definition of exergetic efficiency in IC engines, Exw is the work 

exergy, and Exexh is the exhaust exergy.  In the present study, the definition of exergetic 

efficiency shown in Eq. (2.34) is adopted since it is more relevant to modern engine 

systems that endeavor to incorporate some form of exhaust waste heat recovery 

Figure 2.13 shows iFCE and the exergetic efficiency (ɛ2) of the engine at different 

SOIs.  The results indicate that iFCE was minimum (34.0 percent) at the late SOI of 340 

CAD, which corresponds to conventional dual fuel combustion.  As explained before, at 

this SOI, the amount of methane inside the cylinder was much higher than the rest of the 

SOIs to compensate for the late combustion phasing and to maintain the engine load at 6 

bar BMEP.  With advancement of SOI to 310 CAD, the iFCE increased uniformly to 43.6 

percent because it caused CA50 to occur at a more optimum timing of 365 CAD.  Further 

advancement of SOI to 300 CAD resulted in dual fuel LTC characteristics and retarded 

CA50 to 371 CAD, which led to a slight decrease of work output and a reduction of iFCE 

to 41.6 percent.  In Figure 2.13, the exergetic efficiency shows the opposite trend 

compared to iFCE at different SOIs.  The exergetic efficiency was maximum at SOI of 

340 CAD (54.3 percent) and reduced with advancement of SOI to 320 CAD (51.9 

percent) and increased for more advanced SOI of 300 CAD (53.9 percent).  Conventional 

dual fuel combustion at the SOI of 340 CAD had the maximum exergetic efficiency due 

to a higher amount of exergy in the exhaust and the reduction of exergetic efficiency for 

the earlier SOIs was due to a greater work exergy extraction from in-cylinder exergy, 

which led to lower exhaust exergy.  It must be emphasized that care needs to be exercised 

in interpreting exergetic efficiency trends.  For instance, even though at SOI=340 CAD, 
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the exergetic efficiency was maximum, it should not be interpreted as the most efficient 

operating condition.  In other words, exergetic efficiency should always be considered 

along with iFCE, because iFCE is based only on the actual engine work output (i.e., 

without including the exhaust exergy).  Based on Figure 2.13, it can be argued that 

SOI=300 CAD (corresponding to dual fuel LTC) might be a better operating point than 

other SOIs if a greater fraction of the 14.9 percent exhaust exergy can be extracted as 

work (with waste heat recovery). 

 

Figure 2.13 Exergetic efficiency and iFCE at different SOIs 

Nevertheless, the exergetic efficiency provides a more inclusive measure of the 

most efficient operating conditions by considering both the work exergy as well as the 

exergy in the exhaust flow.  There are many studies that try to maximize the work output 

of exhaust flow [72,73].  In practice, typical waste energy recovery systems only recover 
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the physical exergy of the exhaust flow while the chemical exergy (due to unburned fuel 

or partial combustion products) is usually left unrecovered.  Therefore, in interpreting the 

exergetic efficiency, only the physical exergy of exhaust flow should be considered not 

total exergy.   

In this regard, two ratios were defined based on the exhaust exergy.  The first (r1) 

is the ratio of physical exhaust exergy to the total exhaust exergy: 

 𝑟1 =
𝐸𝑥𝑒𝑥ℎ,𝑝ℎ𝑦𝑠𝑖𝑐𝑎𝑙

𝐸𝑥𝑒𝑥ℎ,𝑡𝑜𝑡𝑎𝑙
 (2.35) 

The second ratio (r2) is a measure of the fraction of the total exergy input, which 

was available as the exhaust physical exergy: 

 𝑟2 =
𝐸𝑥𝑒𝑥ℎ,𝑝ℎ𝑦𝑠𝑖𝑐𝑎𝑙

𝐸𝑥𝑓𝑢𝑒𝑙
 (2.36) 

In this regard, it may be noted that an alternative method, based on a combined 

experimental-numerical approach for crank angle-resolved exhaust exergy calculations, 

was presented by the authors recently [22] to calculate r2, wherein r2 was called the 

normalized cumulative exergy in the exhaust. 

Figure 2.14 shows the variations of r1 and r2 at different SOIs.  With SOI 

advancement from 340 CAD to 300 CAD (i.e., from conventional dual fuel combustion 

to dual fuel LTC), the ratio of the physical exergy to the total exergy in the exhaust flow 

reduced monotonically from 62 percent to 37 percent.  In other words, a smaller fraction 

of recoverable exergy existed in the exhaust flow at advanced SOIs that led to dual fuel 

LTC conditions.  The second ratio, r2, which is normalized based on the total fuel 

chemical exergy input, provides another interpretation of the exhaust physical exergy 

trends.  At SOI=340 CAD, the exhaust physical exergy amounted to ~14 percent of fuel 
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chemical exergy input.  With advancement of SOI, r2 decreased and reached its minimum 

of 4.7 percent at SOI=310 CAD.  At the most advanced SOI of 300 CAD, r2 increased 

slightly to 5.5 percent.  Therefore, between the SOIs of 300 and 310 CAD (i.e., for dual 

fuel LTC), there was less than 1 percent difference in the portion of the fuel exergy input 

that manifested as exhaust physical exergy.  At SOI=310 CAD, the iFCE was 43.6 

percent while at SOI=300 CAD, the iFCE was 41.6 percent.  Clearly, ~1 percent higher 

exhaust physical exergy available for SOI=300 CAD cannot compensate for the 2 percent 

lower iFCE.  Therefore, it can be concluded that the SOI of 310 CAD is the most 

efficient operating condition (i.e., the most efficient SOI for the speed/load conditions 

investigated in this study) when considering both engine work output as well as potential 

work output from an exhaust waste energy recovery system. 

 

Figure 2.14 r1 and r2 variations at different SOIs 
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2.7 Conclusions 

In the present study, an exergy analysis framework that is generally applicable for all IC 

engine simulations was developed and applied for the special case of an engine operating 

on diesel-ignited methane dual fuel low temperature combustion (LTC) at different diesel 

injection timings (SOIs).  For this purpose, non-flow and flow exergy equations were 

derived and used to determine the total in-cylinder exergy variation, including physical 

(thermomechanical) and chemical exergies, during the closed cycle portion of engine 

operation.  Exergy balance equations were incorporated in a previously validated multi-

zone thermodynamic simulation of diesel-methane dual fuel LTC.  Exergy transformation 

inside the engine was investigated at a fixed engine load of 6 bar BMEP, engine speed of 

1700 rev/min, 1.81 bar boost pressure, and 75°C intake temperature.  A methodology, 

based on both the gross indicated fuel conversion efficiency (iFCE) and the exergetic 

efficiency, was introduced to determine the most efficient operating condition (i.e., SOI), 

while accounting for exhaust exergy.  The following important conclusions were 

obtained: 

• Approximately 99 percent of the total exergy input into the engine 

originated from the chemical exergy of the two fuels (i.e., methane and 

diesel) while ~1 percent was supplied as physical exergy in the intake. 

During compression, chemical exergy remained constant until diesel SOI, 

when it increased by ~3 percent.  At SOC, the in-cylinder chemical exergy 

reduced significantly due to exergy transfers associated with work transfer 

and heat transfer as well as exergy destruction.  It was shown that the main 

source of exergy destruction for dual fuel LTC was the combustion 

process itself. 
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• For SOI=340 CAD, the total in-cylinder exergy at every crank angle was 

higher than other SOIs due to the higher methane fueling rates required to 

compensate for a delayed CA50 and to maintain a constant BMEP of 6 

bar. Both SOI = 300 CAD and SOI = 330 CAD had similar in-cylinder 

exergy distribution histories while SOI= 310 CAD and SOI = 320 CAD 

had similar exergy distributions histories, mainly due to the similar fueling 

rates and combustion phasing (CA50). 

• About 41 to 42 percent of the total exergy input (i.e., fuel exergy and 

intake physical exergy) was destroyed due to thermodynamic 

irreversibilities at different SOIs.  In other words, change in SOI (within 

the range investigated in this study) cannot be used to achieve a significant 

reduction in exergy destruction due to combustion. 

• At SOI=340 CAD, the exhaust exergy percentage was maximum (22.3 

percent), and at SOI=310 CAD, maximum amount of work exergy was 

achieved, which was 40.3 percent of the total exergy input. 

• With respect to waste heat recovery in the exhaust, the physical exergy 

was recognized as the practically relevant and recoverable portion of 

exhaust exergy.  While at SOI=340 CAD (representative of conventional 

dual fuel combustion), ~14 percent of the fuel chemical exergy input 

exited as physical exergy with the exhaust, this reduced to only 5.5 percent 

at the most advanced SOI of 300 CAD (representative of dual fuel LTC).   

• It was recognized that the exergetic efficiency should always be 

considered along with the iFCE in determining “the most efficient 
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operating conditions” for an engine.  Considering the amount of 

recoverable work from the exhaust exergy, though other SOIs had higher 

exergetic efficiencies, the most efficient operating point among different 

SOIs was determined to be SOI = 310 CAD, which exhibited an iFCE of 

43.6 percent and an exergetic efficiency of 52.2 percent. 
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III 

CRANK ANGLE-RESOLVED EXERGY ANALYSIS OF EXHAUST FLOWS IN A 

DIESEL ENGINE FROM THE PERSPECTIVE OF EXHAUST WASTE ENERGY 

RECOVERY  

 

3.1 Abstract 

Exhaust waste energy recovery (WER) is a critical component in the portfolio of 

efficiency improvement strategies being considered for internal combustion engines.  

This paper addresses an important existing knowledge gap by introducing a methodology 

for performing crank angle-resolved exergy analysis of exhaust flows from the 

perspective of exhaust WER in diesel engines.  To this end, a single-cylinder research 

engine (SCRE) operating in conventional diesel combustion mode was tested at a load of 

5 bar brake mean effective pressure (BMEP), speeds of 1200 and 1500 rpm, and boost 

pressures of 1.2, 1.5, 2, and 2.4 bar.  The crank angle-resolved specific exergy and its 

thermal and mechanical components were calculated by combining experimental crank 

angle-resolved exhaust manifold pressure measurements with 1D system-level (GT-

POWER) simulations.  In addition, exhaust flow specific exergies in the “blowdown” and 

“displacement” phases of the exhaust process, the total exergy flow rates, and cumulative 

(time-integrated) exergy were quantified.  The results obtained show that low boost 

pressures led to the highest crank angle-resolved specific exergy, the lowest specific 

mechanical exergy, and the highest specific thermal exergy.  In general, the specific 

thermal exergy was dominant during the initial phase of the exhaust process while the 
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specific mechanical exergy became important after peak mass flow rate was attained.  

Regardless of engine speed, with increasing boost pressure, the mechanical component of 

the cumulative exergy in the exhaust flow increased while the thermal component 

decreased.  Consequently, the results indicate that highly boosted conditions may be more 

appropriate for direct WER with positive displacement expanders that leverage the 

mechanical component of exhaust exergy while low boost operating conditions may be 

better suited for other WER strategies that utilize the thermal component of exhaust 

exergy. 

3.2 Introduction and the Need for Crank Angle-Resolved Exhaust Exergy Flow 

Analysis 

Increasing the fuel conversion efficiency (FCE) of internal combustion (IC) 

engines continues to be one of the primary challenges faced by engine designers.  In 

particular, the heavy-duty trucking industry is faced with a new paradigm of 

demonstrating engine technologies to achieve 55% brake thermal efficiency (BTE) for 

future heavy-duty diesel engine (HDDE) trucks under the aegis of the US Department of 

Energy’s ongoing SuperTruck II program. Among the in-cylinder strategies being 

considered to enable high BTE engine operation are rapid combustion, extremely high-

pressure fuel injection (greater than 3000 bar) with rate shaping, adoption of Atkinson 

cycle operation, and various advanced low temperature combustion strategies such as 

gasoline compression ignition (GCI) [74], homogeneous charge compression ignition 

(HCCI) [75,76], partially premixed combustion (PPC) [77,78], and dual fuel low 

temperature combustion [79].  However, it is widely accepted that it would be very 

difficult to demonstrate 55% BTE on HDDEs with only conventional crank angle-

resolved in-cylinder performance improvement strategies, i.e., without exhaust waste 
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energy recovery (WER).  Despite this critical need for exhaust WER, current engine 

exhaust WER strategies that utilize organic Rankine cycles (ORCs) face the daunting 

challenge of reducing the high cost per unit power output ($/kW), which adversely affects 

both their overall economic feasibility and widespread adoption.  A possible alternative 

might be low-cost direct WER systems that can take advantage of the pressure pulse 

during the crank angle-resolved “blowdown” phase of exhaust flows to recover pressure 

energy that is usually irrecoverably lost.  The current engine WER literature does not 

specifically address the amount of available work (exergy) in the exhaust flow during the 

crank angle-resolved blowdown and “displacement” phases of the exhaust process.  Also, 

no results are currently available for providing engine WER designers with reasonable 

estimates of the proportion of crank angle-resolved mechanical exergy (i.e., due to 

higher-than-ambient dynamic exhaust pressures) and thermal exergy (i.e., due to higher-

than-ambient exhaust temperatures) available in engine exhaust flows.  For this purpose, 

the present work examines crank angle-resolved exhaust exergy in a diesel engine from 

the perspective of WER.  The goal of the present paper is not to improve the performance 

of the engine itself but to provide an analytical framework for determining the type of 

exhaust WER system that may be beneficial under different engine operating conditions 

based on the crank angle-resolved exhaust exergy flow characteristics.  The paper is 

structured as follows.  First, a detailed literature review is performed to present the state-

of-the-art regarding exhaust WER techniques.  This is followed by a discussion of the 

objectives of the present work, the analysis methodology, the experimental setup, and the 

system-level simulations (performed using GT-POWER).  Finally, the crank angle-
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resolved exhaust exergy results are presented along with a discussion of their practical 

implications vis-à-vis exhaust WER. 

3.3 Review of Current Exhaust WER Strategies 

As discussed above, efficiency improvement alternatives to conventional in-

cylinder methodologies include WER.  In this method, the FCE of the engine is increased 

by extracting work from otherwise wasted energy sources (e.g., exhaust, coolant, etc.) of 

the engine [80].  Considering that the average brake FCE lies in the range of 25-28 

percent for SI engines and 34-38 percent for CI engines, the typical energy losses 

associated with the exhaust streams are of the order of 36-50 percent for SI engines and 

23-37 percent for CI engines and the coolant heat transfer losses are about 17–26 percent 

for SI engines and 16-35 percent for CI engines. [81].  Distribution of input fuel energy in 

engines between brake work delivered, the heat transferred to the coolant, and the energy 

carried out of the cylinders with the exhaust gas has been studied in previous research 

efforts.  For example, Ozkan et al. [35] showed a slight increase in the intercooling and 

exhaust losses when using pre injection strategies on a diesel engine.  Li et al. [82] 

investigated the distribution of input energy at different engine coolant temperatures in a 

conventional light duty diesel engine.  Based on experimental and simulation results, they 

found that about one-third of the input fuel energy is rejected to the exhaust gas while 

more than 40 percent is converted to net indicated work and the rest is transferred as heat 

through the chamber walls and to the lubricating oil.  They reported that by increasing the 

engine coolant temperature the exhaust losses increase while simultaneously causing an 

equivalent reduction in cylinder heat transfer.  Singh et al. [83] studied the various energy 

losses of a passenger car diesel engine at different engine operating conditions and 
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observed a significant change in energy balance with increasing the coolant temperature 

from 40°C to 80°C.  This resulted in a reduction in coolant heat transfer, an increase in 

brake power and exhaust loss, and an increased potential to increase the powertrain 

efficiency by utilizing an exhaust waste energy recovery system. 

These energy loss distributions indicate a tremendous potential for increasing the 

FCE of both SI and CI engines by employing WER strategies.  In particular, since the 

temperatures and pressures of the exhaust streams in both SI and CI engines are 

substantially higher than the corresponding coolant temperatures, the energy content of 

the exhaust streams is higher compared to that of the coolant streams.  Consequently, 

many contemporary WER technologies have focused on tapping the energy in the 

exhaust streams. 

The WER technologies can be classified as direct or indirect methods.  In the 

indirect WER methods, a bottoming cycle such as a Rankine cycle taps energy from the 

exhaust flow using a heat exchanger to heat a secondary working fluid.  Bottoming 

Rankine cycles in the automotive industry have been studied for decades [84-89].  For 

example, Leising et al. [84] examined Rankine cycle-based engine compounding for fuel 

economy improvement in different truck engines.  Due to fluctuations in the exhaust 

flows of all reciprocating engines, Oomori and Ogino [86] considered a Rankine 

bottoming cycle that produces power from waste heat in the engine coolant of a 

passenger car.  They used a scroll expander and the engine radiator for the bottoming 

cycle and replaced the engine water pump with a special pump and condenser to obtain 

about 3 percent of the engine output power at an ambient temperature of 25°C.  

Srinivasan et al. [88] studied the application of an Organic Rankine Cycle (ORC) turbo-
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compounding for exhaust waste energy recovery of a dual fuel low temperature 

combustion engine and reported an average increase of 7 percent in brake FCE and a 

significant decrease of about 18 percent in NOx and CO2 emissions normalized by total 

system power.   

Direct WER of IC engines deals with the recovery of discarded waste energy to 

harvest useful power without adding a secondary bottoming cycle and the associated 

requirements of an additional working fluid, heat exchangers, etc.  Consequently, direct 

WER strategies are typically less expensive than indirect WER approaches due to fewer 

components and lower maintenance requirements.  Turbochargers are the most common 

direct WER devices for IC engines and they have been studied in various research efforts 

[90-94].  For instance, turbocharger characteristics were discussed based on curve-fitting 

techniques by Moraal and Kolmanovsky [91], and turbine characteristics were 

represented by applying neural networks to obtain an accurate fit of the turbocharger 

maps.  Serrano et al. [92] investigated the heat transfer from two different turbochargers 

by a coupled one-dimensional engine simulation software and lumped capacitance model.  

They stated that turbine and compressor outlet temperatures are not well predicted under 

hot (running) conditions based on manufacturer maps, and therefore, it is important to 

model heat transfer in turbochargers.  Another approach for direct WER is electric turbo-

compounding [95-99].  In one configuration, an electric generator is integrated with the 

turbocharger shaft to produce electricity with the surplus power available in the turbine 

and to power a motor mounted on the engine crankshaft [96].  In another configuration, 

an additional turbine is used downstream of the turbocharger and connected to a small 

electric generator [97].  Pasini et al. [99], numerically evaluated the application of electric 
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turbo-compounding to a two-cylinder SI engine.  They reported that electric turbo-

compounding is more advantageous for large engines at high loads and high speeds.  

Mechanical turbo-compounding is another direct WER strategy, in which a turbine is 

installed downstream of the turbocharger to generate power that is transferred to the 

engine crankshaft by means of mechanical gearing at a fixed speed ratio [100-102].  For 

instance, Brands et al. [100] experimentally showed fuel consumption improvements of 

4.2 to 5.3 percent for a turbocompounded engine.  Zhao et al. [102] conducted a 

parametric study using a system-level simulation to investigate the effect of power 

turbine geometry parameters on the performance of a diesel engine.  They reported that 

blade height, radius and nozzle exit blade angle have significant effects on engine power 

and fuel consumption.  There are other methods for direct WER from the exhaust flow.   

For example, a heat pipe heat exchanger could be placed in the exhaust stream for cabin 

heating in automobiles [103] or a thermoelectric generator could be used to produce 

electrical energy from the exhaust energy [104, 105].  

In a typical four-stroke IC engine, after exhaust valve opening (EVO), the exhaust 

process is composed of two distinguishable phases: (1) the blowdown phase and (2) the 

displacement phase.  The blowdown phase, which occurs near bottom dead center 

(BDC), involves the sudden expansion of high-temperature, high-pressure combustion 

products from the cylinders into the exhaust manifold before appreciable piston 

movement occurs.  On the other hand, the displacement phase refers to the expulsion of 

exhaust gases into the exhaust manifold due to piston motion in the exhaust stroke [70].  

Divided exhaust period (DEP) is a relatively new concept targeted toward improving 

engine efficiencies by separately leveraging exhaust gases obtained from the blowdown 
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and the displacement phases in different exhaust manifolds [106-110].  For example, 

DEP was used in a four cylinder SI engine by Moller et al. [106] by connecting one 

exhaust manifold to a turbocharger and another one to a catalyst.  They reported 

reductions of up to 60% in residual gas content and 35% in catalyst light off temperatures 

in comparison with a standard turbocharged engine with a conventional exhaust system.  

The DEP concept was used by Williams et al. [108] to depressurize the exhaust gases and 

to reduce the pumping losses by means of a compressor downstream in the exhaust 

system; this concept was termed turbo-discharging.  They reported fuel economy 

improvements of around 5 percent in comparison to a naturally aspirated engine 

producing the same power.   

As long as two systems at different thermodynamic states are in contact with each 

other, the opportunity for extracting work exists.  Exergy is usually defined as the 

maximum theoretical useful work obtained from the system of interest when the other 

system with which the system of interest interacts is the environment (a suitably idealized 

system).  Regardless of the specific WER methodology, it is clear that there are 

significant benefits in tapping the otherwise-wasted exergy associated with IC engine 

exhaust flows.  Consequently, there is a need to examine the time-evolution of exergy 

flows in IC engine exhaust.  However, despite the availability of several studies focused 

on practical utilization of exhaust flows in both direct and indirect WER for improving 

engine efficiencies, very few studies have examined the potential for exhaust WER by 

considering a time-resolved measurement and/or analysis of thermodynamic properties 

(i.e., temperature and pressure) to calculate exhaust energy [111] or by considering the 

mean thermodynamic properties of exhaust flows [112].  However, to the best knowledge 
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of the present authors, no previous study has quantified crank angle-resolved exergy 

flows in the exhaust manifolds of IC engines.  The present work is a first attempt to 

bridge this important existing knowledge gap. 

3.4 Objectives of the Present Work 

The primary objective of the present work is to perform a detailed 

characterization of exergy flows in the exhaust manifold of a compression-ignition 

single-cylinder research engine (SCRE) over a range of operating conditions.  In addition, 

the present paper introduces a methodology (that is generally applicable to any 

reciprocating engine), which combines experimental crank angle-resolved exhaust 

pressure measurements with 1D GT-POWER simulations for performing crank angle-

resolved exergy flow calculations.  To this end, the exhaust exergy flows of the diesel 

SCRE are quantified based on experimentally measured dynamic exhaust pressures at an 

engine load of 5 bar BMEP, engine speeds of 1200 and 1500 rev/min, and intake boost 

pressures of 1.2, 1.5, 2, and 2.4 bar, while maintaining a static (steady state) exhaust 

pressure of one atmosphere.  Furthermore, the different components of exhaust exergy, 

including thermal exergy and mechanical exergy, are also quantified and discussed.  By 

definition, the thermal and mechanical components of exergy are attributed to the 

temperature and pressure differences, respectively, between the system and the 

environment [1] and both exergy components may be relevant for the purposes of exhaust 

WER.  In addition, the crank angle-resolved evolution of exhaust exergy is characterized 

with specific emphasis on the blowdown and the displacement phases.  In subsequent 

sections, the effects of boost pressure and engine speed on the different portions of 

exhaust exergy and total extractable work are discussed. 
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3.5 Analysis Methodology 

The methodology to calculate available work in the exhaust is described in this 

section.  As mentioned before, exergy is defined as the maximum work obtainable from a 

system when it interacts reversibly with the ambient.  Given this definition of exergy, the 

exergy flows in IC engine exhaust can be analyzed to find the maximum work that can be 

extracted from the hot exhaust gases. 

Specific exergy, which is exergy per unit mass of a system, can be divided into 

four components: physical, chemical, kinetic, and potential exergies.  So, the total 

specific exergy of a system is defined on a mass basis by [5]: 

 PTKNCHPH exexexexex +++=  (3.1) 

Neglecting the kinetic and potential exergy components that are usually very 

small for exhaust flows, the specific exergy of exhaust flows contains two relevant 

components: chemical and physical exergies.  The relative importance of these two 

exergy components of exhaust flows is dependent on engine type and operating 

conditions.  For example, in diesel engines that typically operate fuel-lean, unburned 

hydrocarbons and carbon monoxide levels in the exhaust flow are very small; 

consequently, the chemical exergy in the exhaust flows of diesel engines is usually 

negligible [68].  Thus, only the physical component of the specific exergy in the exhaust 

is considered and is calculated as follows: 

 ( ) ( )000 ssThhexPH −−−=  (3.2) 

where, T0 is the dead state temperature, h and s are the specific enthalpy and the specific 

entropy of the exhaust flow, respectively, and h0 and s0 are the corresponding properties 

at the dead state.  
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Generally, the physical (thermomechanical) exergy of a flow is the combination 

of thermal exergy and mechanical exergy.  The thermal exergy is due to the temperature 

difference and the mechanical exergy is due to the pressure difference between the 

system and the surroundings [65].  Therefore, the physical (thermomechanical) specific 

exergy can be written as: 

 METHPH exexex +=  (3.3) 

where, exTH is the specific thermal exergy and exME is the specific mechanical exergy.  

Assuming ideal gas behavior for combustion products in the exhaust flow, the 

following relations are used for defining thermal and mechanical specific exergies in the 

exhaust flow [65]: 
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where, cp is the specific heat at constant pressure, R is the characteristic gas constant, T 

and P are the temperature and the pressure, respectively, of the burned gas mixture in the 

exhaust flow.  The specific heat at constant pressure as a function of exhaust temperature 

is obtained based on a following fourth order polynomial curve fit [70]: 
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where a1 to a5 are the coefficients of the polynomial function. 

From Equations 3.6 and 3.8, it is evident that the specific thermal exergy cannot 

become negative; however, if the system pressure is less than P0, the specific mechanical 

exergy can be negative.  Some researchers interpret this situation to mean that to bring 

the system into mechanical equilibrium with the environment, net work needs to be done 

on the system [113].  On the other hand, considering the essence of exergy as the 

maximum work extractable from a system, when a system has a lower pressure than P0, it 

is possible to extract work using an expander between the system and the environment, in 

which case the reciprocal of the pressure ratio would be used inside the logarithm in 

Equation 3.7. 

In addition, the ratios of the specific thermal and specific mechanical exergies to 

the total specific exergy can be defined as follows: 
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where, RTH and RME are the thermal exergy ratio and the mechanical exergy ratio, 

respectively.  From Equations 3.9 and 3.10, it is clear that the sum of RTH and RME should 

equal unity. 

Dividing the exergy of the exhaust flow into thermal and mechanical exergy 

components is useful in selecting the appropriate WER system for operating a given 

engine.  For example, in an indirect WER system using a bottoming Rankine cycle, a heat 

exchanger is in contact with exhaust gas flow.  Since the enthalpy of the exhaust gas 
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changes across the heat exchanger, it is evident that, for indirect WER, the thermal 

exergy of the exhaust flow is utilized while its mechanical exergy (which is related to 

pressure) is usually left untapped. On the other hand, a direct WER system can utilize a 

positive displacement expander, which admits a fixed volume of working fluid into a 

confined chamber and produces power due to expansion of the working fluid [114].  

Volumetric expansion of the working fluid is accompanied by a decrease in fluid pressure 

across the positive displacement expander [115].  Therefore, if a direct exhaust WER 

system uses a positive displacement expander, the mechanical exergy (more than the 

thermal exergy) of the exhaust stream can be utilized to produce useful power.   

In this study, to obtain the crank angle-resolved exhaust pressure and to calculate 

the specific mechanical exergy in the exhaust flow, a piezoresistive sensor is used.  A 

detailed discussion of the evolution of the exhaust pressure pulse in a diesel-fueled SCRE 

is provided in Bohach [116].  While crank angle-resolved exhaust pressures can be 

measured relatively easily, it is more difficult to measure the instantaneous temperature 

of the exhaust flow.  Since the instantaneous exhaust temperature is needed to calculate 

the thermal exergy of the exhaust flow, the crank angle-resolved exhaust temperature as 

well as the instantaneous exhaust mass flow rate and specific heats were calculated 

numerically using a GT-POWER-based system-level simulation of the SCRE.  In the 

following sections, the experimental setup and the numerical simulations are explained. 

3.6 Experimental Setup 

The experiments were conducted on a four-stroke, compression ignition, diesel-

fueled SCRE, whose details are provided in Table 3.1.  It should be mentioned that the 

absolute crank angle degree convention throughout the paper.  In this terminology, the 



 

68 

engine cycle starts from 0 crank angle degrees (CAD), which corresponds to the gas 

exchange top dead center (TDC) and ends at 720 CAD; consequently, in this notation, 

compression TDC will be 360 CAD.  Figure 3.1 shows a schematic of the measurement 

devices and the complete experimental setup.  A 250 hp AC regenerative engine 

dynamometer controlled by a Dyne Systems Inter-Loc V controller was used to motor the 

SCRE as well as to absorb power.  The Inter-Loc V controller provided torque and speed 

measurements as well as speed control.  Engine torque was controlled by the diesel 

fueling rate.  

Two separate data acquisition systems were used in the experiments: the first 

system measured engine-synchronous data (i.e., crank angle-resolved data such as in-

cylinder pressure, instantaneous exhaust pressure, etc.) and the second system measured 

engine-asynchronous data (i.e., steady-state data such as intake and exhaust pressures, 

temperatures, and mass flow rates).  Omega K-type thermocouples were used to measure 

intake, exhaust, coolant and oil temperatures. An external air compressor (Atlas Copco 

Model GA75), with an inline heatless desiccant air dryer (Atlas Copco Model CD 250), 

was employed to provide compressed air to the engine intake manifold to simulate 

boosted inlet conditions.  Intake air flow rate was measured using a sonic orifice flow 

meter (FlowMaxx Model SN16-SA-235) coupled with measurements of pressure and 

temperature upstream of the flow meter.  The minimum inlet-to-outlet pressure ratio of 

1.2 was maintained across the orifice to ensure choked flow across the sonic orifice at all 

engine operating conditions.  Also, the intake air temperature was kept between 27°C and 

32°C using strip heaters mounted in the intake surge tank and controlled by a Chromalox 

temperature controller. 
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The mass flow rate of diesel was measured using a Micro Motion coriolis mass 

flow meter (Model CMF025M319N2BAEZZZ) with 0.35 percent accuracy of reading.  

A Bosch CP3 common-rail injection pump and injector were used for diesel injection.  

Diesel injection was controlled using a National Instruments Stand Alone Direct Injector 

Driver (SADI) system coupled with CALVIEW software. 

In-cylinder pressure was measured using a Kistler 6052C piezoelectric pressure 

sensor coupled to a Kistler Type 5010B charge amplifier.  Injector needle lift data were 

obtained using a Wolff Controls Corporation hall effect sensor instrumented inside the 

diesel injector.  A water-cooled Kistler Type 4049A piezoresistive pressure sensor with 

integrated inline signal amplifiers was used to obtain crank-resolved exhaust pressure 

(installed 42 mm away from the exhaust port). To phase in-cylinder pressure, exhaust 

pressure, and needle lift data to physical engine crank position as well as to perform all 

transient data calculations, an incremental shaft encoder (BEI model XH25D-SS-3600-

ABZC-28V/V-SM18) was used with a resolution of 0.1 CAD.  A National Instruments 

DAQ system recorded steady-state data over 60 seconds through a custom-designed 

LabVIEW virtual instrument (VI).  Operating parameters such as diesel mass flowrate 

and the steady-state exhaust temperature were recorded using the LabVIEW VI.  Also, an 

AVL IndiSmart high-speed data acquisition system collected crank angle-resolved 

(transient) data over 1000 consecutive engine cycles.  For instance, pressure 

measurements such as crank angle-resolved in-cylinder pressure and exhaust pressure 

were recorded by the AVL IndiSmart system and their ensemble-averaged curves (over 

1000 cycles) were reported or used in the system level simulation. 
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Table 3.1 Single-Cylinder Research Engine Specifications 

Parameter Specification 

Engine Type 
Highly modified SCRE based on a Doosan 

 DV-11 Platform 

Number of Cylinders 1 

Displacement 1.827 L 

Compression Ratio Used for 

 the Present Experiments 
15.1:1 

Piston Crown Design Mexican Hat 

Valve Actuation Rocker arm, pushrod driven 

Valve Train 2 Intake, 2 Exhaust valves 

Bore x Stroke 128 x 142 mm 

Connecting Rod Length 228 mm 

IVO 4 CAD 

IVC 174 CAD 

EVO 503 CAD 

EVC 712 CAD 

Fuel Pump Bosch CP3 

Injector Electronically controlled (solenoid) 

Nozzle hole 0.197 mm diameter, 8 holes  
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Figure 3.1 Schematic of experimental setup of single cylinder research engine 

3.7 System-Level Simulations 

To obtain crank angle-resolved exhaust temperature and exhaust mass flow rate, a 

system-level simulation of the SCRE was established using GT-POWER software. Since 

the intended use of the simulation was to predict instantaneous exhaust temperatures, a 

non-predictive combustion model was used in the simulation.  In non-predictive 

combustion models, a burn rate is imposed inside the cylinder, regardless of the actual in-
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cylinder conditions.  The simulation uses three pressure analysis (TPA) approach in GT-

POWER as the non-predictive combustion model.  The aim of the TPA model is to find a 

combustion burn rate by analyzing measured pressure data.  To this end, the method uses 

three measurements, namely, intake pressure, exhaust pressure, and in-cylinder pressure 

to calculate the crank angle-resolved burn rate inside the cylinder.  The simulation 

methodology considers a “dummy” burn rate for the first cycle without performing a 

pressure analysis.  For the second cycle and beyond, at the start of each cycle, the 

forward run is paused, and the apparent burn rate is calculated using the calculated 

trapped conditions in the cylinder along with the measured pressure profiles.  Then, the 

apparent burn rate calculated in the previous step is imposed during the cycle and the 

forward simulation run continues as normal.  Finally, the cycles repeat until steady state 

convergence is achieved.  Additional details of the TPA approach may be obtained from 

the GT-POWER user manual [117].  Heat transfer to the cylinder walls was modeled 

using Woschni’s correlation [60].  All the parameters of the SCRE such as intake runner, 

exhaust runner, and engine geometry were modeled accurately in the software based on 

actual measurements.  The intake and exhaust valve lift were modeled in the GT-POWER 

simulation according to the valve lift profiles measured from the SCRE. 

Figures 3.2 and 3.3 show the comparison of experimental results and simulated 

results for heat release rate and in-cylinder pressure at different engine speeds at a boost 

pressure of 1.2 bar and 5 bar BMEP.  As shown in the figures, the model predicts both 

heat release rates and in-cylinder pressure histories accurately.  The error between 

simulation and experimental results at the maximum pressure point was around 3 percent 

and 1 percent for 1500 rpm and 1200 rpm, respectively.  On the other hand, the error 
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between simulation and experimental results near the maximum heat release point was 

around 4 and 2 percent for 1500 rpm and 1200 rpm, respectively.  Consequently, it was 

felt that the model can be used to obtain additional results regarding the exhaust flow. 

 

Figure 3.2 Comparison of simulated and experimental heat release rates and in- 

cylinder pressures at 1500 rpm, Pin=1.2 bar, and 5 bar BMEP 
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Figure 3.3 Comparison of in- cylinder pressures and simulated and experimental heat 

release rates at 1200 rpm, Pin=1.2 bar, and 5 bar BMEP 

3.8 Results and Discussion 

In this section, the exergy flows associated with exhaust flows in the SCRE are 

presented.  For all of the results presented in this study, the static (steady state) exhaust 

pressure in the exhaust manifold was maintained at atmospheric pressure.  Considering 

the mass flow rate and the specific exergy of the exhaust flow, the rate of exergy in the 

exhaust flow of the engine is calculated as follows: 

 exmxE =   (3.11) 

The cumulative exergy (i.e., available work) in the exhaust flow can be obtained 

by integrating Equation 3.11 with respect to time.  To obtain the instantaneous exhaust 

mass flow rate, results from the GT-POWER simulation are used.  In all of the figures 
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presented in this section, the various properties and events are shown from 503 CAD (i.e., 

EVO) to 712 CAD (i.e., EVC). 

One classification of the exhaust flow is according to the blowdown phase and the 

displacement phase.  As mentioned before, in the blowdown phase, the burned cylinder 

gases are discharged because of the high pressure difference between the in-cylinder 

pressure and the exhaust manifold pressure, and therefore, it ends shortly after BDC.  On 

the other hand, in the displacement phase, the cylinder is scavenged by the piston 

movement toward TDC.  To distinguish between the blowdown and the displacement 

phases, the exhaust mass flow rate (calculated from GT-POWER simulations) is 

considered along with other measured quantities at a sample condition from the 

experiments.  Figure 3.4 shows the experimental results from the piezoelectric in-cylinder 

pressure sensor and the piezoresistive exhaust pressure sensor as well as the predicted 

exhaust mass flow rate for the SCRE operating at 1500 rpm, 5 bar BMEP at a boost 

pressure of 1.2 bar.  Also, the piston velocity and the exhaust valve lift are shown in this 

figure (negative piston velocity means piston is moving downward).  It is evident that the 

exhaust mass flow rate increases sharply as the exhaust valve opens due to the high 

pressure difference between the in-cylinder pressure and the exhaust pressure.  It should 

be noted that the exhaust pressure sensor is located 42 mm downstream of the exhaust 

port. 
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Figure 3.4 Blowdown and displacement phasing at 1500 rpm, Pin=1.2 bar 

Reduction of mass inside the chamber leads to decreasing in-cylinder pressure, 

especially after the first peak is attained in the exhaust mass flow rate.  The maximum 

exhaust mass flow rate was 0.216 kg/s with a one-standard deviation (computed on a 

cycle-to-cycle basis) of ±0.001 kg/s.  On the other hand, with increasing valve lift, the 

measured instantaneous exhaust pressure is also increased, reaching a maximum value of 

1.76±0.02 bar (where ±0.02 bar is again the cyclic one-standard deviation).  Therefore, 

the pressure difference between the in-cylinder pressure and the exhaust pressure (i.e., the 

“driving force”) decreases and the exhaust mass flow rate reaches a minimum around 

565.8±0.7 CAD.  This point is the location where the blowdown phase is completed and 

subsequent flow of exhaust out of the cylinder is due to scavenging induced by piston 
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motion; i.e., the displacement phase begins.  The difference between the in-cylinder 

pressure and the exhaust pressure in the displacement phase is negligible.  In the 

displacement phase, with increasing valve lift and piston velocity, the exhaust mass flow 

rate increases again and reaches a second peak around maximum valve lift.  After this 

point, the valve starts to close but the piston velocity still increases until about 640 CAD, 

when the piston reaches its maximum velocity.  Coincidentally, around this time, a third 

peak is also observed in the exhaust mass flow rate profile.  It should be noted that the 

simulation results are presented here for an “average cycle,” and consequently, some 

variability may be expected between different engine cycles.  In the following sections, 

first, crank angle-resolved specific exergy at different conditions is characterized based 

on the thermal and mechanical portions of the specific exergy and the mass percentages 

with the blowdown and the displacement phases of the exhaust process are quantified.  

Second, the crank angle-resolved exergy of the exhaust flow is reported at 5 bar BMEP, 

engine speeds of 1200 rpm and 1500 rpm, and boost pressures of 1.2-2.4 bar.  

Subsequently, the thermal and mechanical cumulative exergies as well as the total 

cumulative exergy trends are quantified. 

3.8.1 Specific exergy of the exhaust at different operating conditions 

3.8.1.1 Test Condition #1: Engine speed 1500 rpm 

Figure 3.5 shows the crank angle-resolved specific exergy in the exhaust flow at 

different boost pressures at the engine speed of 1500 rpm and BMEP of 5 bar.  It is 

evident from this figure that the specific exergy is uniformly decreased (throughout the 

exhaust process) as boost pressure is increased.  The shapes of all the exhaust specific 

exergy pulses are similar to each other at different boost pressures; however, the crank 
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angles corresponding to the peak specific exergy are different.  The peak specific exergy 

usually occurs around the end of the blowdown phase and the beginning of the 

displacement phase.  The peak values also decrease with increasing boost pressure: from 

~220 kJ/kg at Pin=1.2 bar to ~118 kJ/kg at Pin = 2.4 bar.  To better understand the specific 

exergy trends, the behavior of the thermal and the mechanical components of the specific 

exergy are discussed below.  

 

Figure 3.5 Specific exergy at different boost pressures and 1500 rpm 

Crank angle-resolved specific thermal exergy and calculated exhaust temperature 

trends for different boost pressures are shown in Figure 3.6 at the engine speed of 1500 

rpm.  The trends shown in Figure 3.6 (a) are similar to the overall specific exergy trends; 
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i.e., for lower boost pressures, at each crank angle, the specific thermal exergy is higher 

in comparison with higher boost pressures because the exhaust temperature is higher at 

lower boost pressures.  This is evident from the exhaust temperature profiles shown in 

Figure 3.6 (b), which are calculated from the GT-POWER simulations as well as the 

experimentally measured steady state exhaust temperatures (Texh,ss) (also shown in Figure 

3.6 (b)), which range from 357°C for Pin = 1.2 bar to 196°C for Pin = 2.4 bar.  Moreover, 

the maximum specific thermal exergy occurs in the blowdown phase with values ranging 

from ~190 kJ/kg at Pin = 1.2 bar to ~76 kJ/kg at Pin = 2.4 bar.  Additional discussion of 

exergy apportionment in the blowdown and displacement phases is provided below. 

 

 

Figure 3.6 (a) Specific thermal exergy and (b) calculated exhaust temperature profiles 

at different boost pressures and 1500 rpm 

Figure 3.7 shows the specific mechanical exergy at different boost pressures for 

the engine speed of 1500 rpm.  In contrast to the specific thermal exergy, the specific 

mechanical exergy at higher boost pressures is higher for almost all crank angles.  This is 

because the only parameter that affects the specific mechanical exergy is the exhaust 
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pressure, which increases with increasing boost pressure.  Moreover, the specific 

mechanical exergy is seen to attain its maximum value around the crank angle where the 

exhaust process transitions between the blowdown phase and the displacement phase, 

with values ranging from ~47 kJ/kg at Pin = 1.2 bar to ~64 kJ/kg at Pin = 2.4 bar.  In 

addition, the peak specific mechanical exergy also occurs later with increasing boost 

pressure.  In addition, Figure 3.7 also shows that there is a small (but noticeable) increase 

in the specific mechanical exergy toward the end of the exhaust process for all boost 

pressures (especially for lower boost pressures).  This may be attributed to a further 

reduction in the exhaust manifold pressure (to slightly sub-atmospheric conditions), 

which causes the slight increase in the specific mechanical exergy. 
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Figure 3.7 Specific mechanical exergy at different boost pressures and 1500 rpm 

To compare the relative effects of boost pressure on the specific mechanical and 

thermal exergies, Figure 3.8 shows the mechanical and thermal exergy ratios (RME and 

RTH) at different boost pressures.  As mentioned before, it is evident from Equations 3.9 

and 3.10 that the sum of RME and RTH will be unity.  Figure 3.8 shows that in the initial 

blowdown phase of the exhaust process, the thermal exergy ratio accounts for most of the 

exergy for all boost pressures because the exhaust manifold pressure is very small (until 

peak mass flow rate is attained) and the exergy of the high temperature burned gas is 

dominant.  Subsequently, the exhaust pressure increases and results in an increase of RME 

and a corresponding decrease in RTH.  For the lowest boost pressure of 1.2 bar, the 
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maximum RME of about 0.2 occurs near the transition from the blowdown phase to the 

displacement phase.  However, with increasing boost pressure, RME increases due to 

higher exhaust pressures while RTH decreases due to lower exhaust temperatures. 

These trends continue until the highest boost pressure of 2.4 bar is reached, where 

RME exceeds 50 percent, indicating that the mechanical exergy exceeds the thermal 

exergy for a substantial part of the exhaust process at that condition.  When the exhaust 

valve starts closing, the exhaust manifold pressure starts to decrease, leading to a 

reduction in RME (accompanied by a corresponding increase in RTH); however, the 

phasing of this RME reduction is increasingly delayed for higher boost pressures.  As 

mentioned before, toward the end of the exhaust process, due to a further reduction in the 

exhaust manifold pressure to slightly sub-atmospheric conditions, mechanical exergy 

increased which resulted in a slight increase in RME, especially for lower boost pressures. 
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Figure 3.8 Specific exergy ratios at different boost pressures and 1500 rpm 

In addition to the specific exergy trends, it is also relevant to compare the relative 

percentages of exhaust mass expelled during the blowdown phase and the displacement 

phase.  To this end, Figure 3.9 shows the percentage of total exhaust mass that is expelled 

in the two phases.  With increasing boost pressure, the blowdown phase persists for a 

longer duration (as shown in Figure 3.6, CADB→D occurs at 565.8 CAD for Pin = 1.2 bar 

and 579.7 CAD for Pin = 2.4 bar) and this is also accompanied by a higher percentage of 

exhaust mass expelled during this phase (from ~38 percent at Pin = 1.2 bar to ~48 percent 

at Pin = 2.4 bar).   
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Figure 3.9 Exhaust mass percentages in blowdown and displacement phases at 

different boost pressures and 1500 rpm 

3.8.1.2 Test Condition #2: Engine speed 1200 rpm 

In this section, the specific mechanical and thermal exergy results at a lower 

engine speed of 1200 rpm and the same load of 5 bar BMEP are presented.  In addition, 

the specific exergies and exhaust mass percentages associated with the blowdown and the 

displacement phases are discussed.  Figures 3.10 through 3.12 show crank angle-resolved 

specific exergy, specific thermal exergy and specific mechanical exergy at different boost 

pressures. 
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Figure 3.10 Specific exergy at different boost pressures and 1200 rpm 

  

Figure 3.11  (a) Specific thermal exergy and (b) calculated exhaust temperature profiles 

at different boost pressures and 1200 rpm 
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The general trends of the specific exergy as well as specific mechanical and 

thermal exergies at 1200 rpm, 5 bar BMEP are similar to the results presented previously 

at 1500 rpm, 5 bar BMEP.  As expected, at all crank angles, lower boost pressures 

yielded higher specific exergy and specific thermal exergy while higher boost pressures 

yielded higher specific mechanical exergy.  Similar to the results at 1500 rpm, the 

maximum value of specific exergy occurs near the end of the blowdown phase and the 

beginning of the displacement phase; however, the absolute magnitudes are lower 

especially for higher boost pressures at 1200 rpm (~217 kJ/kg at Pin = 1.2 bar and ~101 

kJ/kg at Pin = 2.4 bar).  The lower specific exergy and specific thermal exergy at the 

lower engine speed may be attributed to lower exhaust temperatures at 1200 rpm.  As 

shown in Figure 3.11 (b), with increasing boost pressure, the calculated exhaust 

temperature profiles as well as the measured steady state exhaust temperatures decrease 

(e.g., Texh,ss decreases from 331.6°C at Pin = 1.2 bar to 163.4°C at Pin = 2.4 bar.  Also, the 

specific thermal exergy attains its maximum value in the blowdown phase similar to the 

results at 1500 rpm.  For the engine speed of 1200 rpm and BMEP of 5 bar, the maximum 

specific thermal exergy decreases from ~195 kJ/kg at Pin = 1.2 bar to ~66 kJ/kg at Pin = 

2.4 bar 



 

87 

  

Figure 3.12  Specific mechanical exergy at different boost pressures and 1200 rpm 

Furthermore, compared to 1500 rpm, the specific mechanical exergy decreases at 

1200 rpm due to lower exhaust pressures.  In general, with increasing engine speed, the 

time duration from EVO to EVC decreases and the amount of mass trapped inside the 

cylinder increases; therefore, for a fixed engine load, the time available for evacuating a 

larger mass of combustion products is shorter.  Therefore, the exhaust pressure increases 

with increasing engine speed.  Similar to the engine speed of 1500 rpm, as shown in 

Figure 3.12, the specific mechanical exergy reaches its peak value around CADB→D 

(which occurs from 561.9 CAD for Pin = 1.2 bar to 573.4 CAD for Pin = 2.4 bar).  The 

peak specific mechanical exergy values range from ~46 kJ/kg at Pin = 1.2 bar to ~56 
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kJ/kg at Pin = 2.4 bar.  In this regard, it is worth noting in Figure 3.12 that for Pin = 1.2 

bar, the exhaust pressure did not reach sub-atmospheric conditions but instead started 

increasing around 640 CAD.  This resulted in an increase in specific mechanical exergy 

during the end of the exhaust process. 

Figure 3.13 shows RME and RTH at different boost pressures for 1200 rpm and 5 

bar BMEP.  Comparing these trends with the corresponding trends at 1500 bar and 5 bar 

BMEP, the overall trend of increasing RME with increasing boost pressure is also 

observed at 1200 rpm.  However, it is also clearly noticeable that the crank angle 

durations of the RME curves are shorter for the lower engine speed.  In other words, the 

crank angle duration for which the mechanical exergy is significant compared to the 

thermal exergy is shorter for the lower engine speed because the magnitude of the 

instantaneous exhaust pressure decreases with decreasing engine speed.  Similar to the 

1500 rpm results, the increase of RME at the end of exhaust process is due to a reduction 

in the exhaust manifold pressure to sub-atmospheric conditions.  
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Figure 3.13  Specific exergy ratios at different boost pressures and 1200 rpm 

3.8.2 Exhaust total exergy rate and cumulative exergy results 

In the previous section, the specific exergy behavior as well as the specific 

mechanical and thermal exergy trends at two different engine speeds and a range of 

different boost pressures were discussed.  In this section, the goal is to determine the total 

exergy rate and the cumulative exergy available in the exhaust flow, which can be 

recovered with different WER systems.  Therefore, the total exergy rate of the exhaust 

flow is calculated by taking into account both the exhaust mass flow rate and the exhaust 

specific exergy.  First, the crank angle-resolved total exergy rate as well as mechanical 

and thermal exergy rates for one specific experimental operating condition (1500 rpm, 5 



 

90 

bar BMEP, 2 bar boost pressure) are discussed; similar trends were obtained at other 

operating conditions.  Second, the total exergy rate profiles for different boost pressures 

at 1200 rpm and 1500 rpm and 5 bar BMEP are compared.  Finally, the cumulative 

exergy trends as well the relative proportions of its mechanical and thermal components 

are discussed. 

Figure 3.14 shows the crank angle-resolved total exergy rate of the exhaust flow 

at 1500 rpm, 5 bar BMEP, and 2 bar boost pressure as well as mechanical and thermal 

exergy rates of the exhaust flow.  At this boost pressure, the thermal exergy rate, which is 

dominant in both the blowdown and the displacement phases, constitutes a greater 

fraction of the total exergy rate due to higher exhaust temperatures.  At higher boost 

pressures, the crank angle-resolved specific exergy decreases; however, the associated 

exhaust mass flow rate increases.  A combination of these trends together leads to total 

exergy rates that are fairly close to each other at different boost pressures, as observed at 

Figure 3.15.  On the other hand, a comparison of different engine speed results in Figure 

3.15 shows that, for most of the exhaust process, the exergy rate of the exhaust flow at 

1200 rpm is lower compared to the corresponding results at 1500 rpm.  However, it 

should be noted that the exhaust valve open duration (in terms of absolute time) is longer 

for 1200 rpm compared to 1500 rpm.  Therefore, the exhaust flow velocities are different 

since the piston velocities are slower at the lower engine speed, which results in the 

exhaust being in the cylinder for a longer time. 
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Figure 3.14  Crank angle-resolved total exergy rate and its thermal & mechanical 

portions at 1500 rpm and Pin = 2 bar 
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Figure 3.15  Exhaust exergy rates at 1200 rpm and 1500 rpm for (a) Pin = 1.2 bar, (b) 

Pin = 1.5 bar, (c) Pin = 2 bar, and (d) Pin = 2.4 bar. 

Numerical integration of the total exhaust exergy rate over the entire exhaust 

process can provide the cumulative exergy, which is transferred out of the engine 

cylinder with the exhaust.  Figure 3.16 shows the cumulative exergy of the exhaust flow 

for different engine speeds at 5 bar BMEP and various boost pressures.  It is evident that 

the cumulative exergy is higher at the higher speed of 1500 rpm for all boost pressures 

except 1.2 bar.  On the other hand, with increasing boost pressure, the cumulative exergy 



 

93 

decreases, especially for the lower engine speed of 1200 rpm.  At 1500 rpm, the 

maximum and minimum cumulative exergies are ~0.37 kJ at Pin = 1.2 bar and ~0.35 kJ at 

Pin = 2 bar, while at 1200 rpm, the maximum and minimum cumulative exergies are 

~0.37 kJ at Pin = 1.2 bar and ~0.28 kJ at Pin = 2.4 bar.  This reduction in cumulative 

exergy is largely due to the predominant effect of lower exhaust temperatures at higher 

boost pressures, despite the increase in the exhaust mass flow rate and the higher 

mechanical exergy.  One exception is the maximum boost pressure of 2.4 bar at 1500 rpm 

for which the higher mass flow rate and higher mechanical exergy outweigh the reduction 

in thermal exergy.  A more detailed analysis of the cumulative exergy distribution as 

thermal and mechanical components can provide specific information regarding the 

appropriate form of exhaust WER strategy. 
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Figure 3.16 Cumulative exergy for 1200 rpm and 1500 rpm at different boost pressures  

Figure 3.17 shows the thermal and mechanical components of the cumulative 

exergy in the exhaust flow for all experimental conditions.  For different engine speeds, 

with increasing the boost pressure, the mechanical component of the cumulative exergy 

increases due to higher pressures in the exhaust flow (from ~0.04 kJ at Pin = 1.2 bar for 

both engine speeds to ~0.11 kJ for 1200 rpm and ~0.16 kJ for 1500 rpm at Pin = 2.4 bar).  

On the other hand, the thermal component of the cumulative exergy decreases due to 

lower exhaust temperatures (from ~0.33 kJ at Pin = 1.2 bar for both engine speeds to 

~0.17 kJ for 1200 rpm and ~0.22 kJ for 1500 rpm at Pin = 2.4 bar).  It can also be inferred 

that, at the lowest boost pressure of 1.2 bar, both the mechanical and the thermal 

components of the cumulative exergy are independent of engine speed for the two speeds 

studied here.  These results indicate that WER devices, which extract the mechanical 
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component of cumulative exergy (e.g., positive displacement expanders that are driven by 

pressure differences), are more suitable for higher boost pressures, which provide higher 

values of the mechanical component of the cumulative exergy in the exhaust.  On the 

other hand, due to higher values of the thermal component of the exhaust cumulative 

exergy at lower boost pressures, indirect WER strategies that tap the thermal component 

of cumulative exergy may be more suitable at lower boost pressures. 

  

Figure 3.17 Thermal and mechanical components of cumulative exergy in the exhaust 

for 1200 rpm and 1500 rpm at different boost pressures 
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3.9 Conclusions 

Addressing an important existing knowledge gap, the present work focused on 

performing a crank angle-resolved exergy analysis of exhaust flows in a single-cylinder 

diesel engine at two different engine speeds (1200 and 1500 rpm) and a range of intake 

boost pressures (from 1.2 to 2.4 bar).  For all of the experiments, the static (steady state) 

exhaust pressure in the exhaust manifold was maintained at atmospheric pressure.  The 

exhaust exergy flows were analyzed in terms of crank angle-resolved specific exergy and 

total exergy rate as well as cumulative (time-integrated) exergy trends.  In addition, these 

quantities were classified in terms of thermal and mechanical exergy components as well 

as the crank angle-resolved exergy distribution in the blowdown and displacement phases 

of the exhaust process.  The results obtained lead to the following important conclusions: 

• Low boost pressures led to the highest crank angle-resolved specific exergy, which 

reaches its peak near the crank angle corresponding to the transition between the 

blowdown and the displacement phases (CADB→D).  On the other hand, the specific 

mechanical exergy reached its minimum while the specific thermal exergy reached its 

maximum (due to higher exhaust temperatures) for low boost pressures.  The specific 

exergy as well as its mechanical and thermal components increased slightly at the 

higher engine speed. 

• During the blowdown phase, the pressure difference between the cylinder and the 

exhaust manifold was significant until the peak exhaust mass flow rate was attained 

and subsequently the pressure difference reduced, resulting in a local minimum of the 

mass flowrate.  In the displacement phase, the pressure difference was negligible but 

the increasing piston velocity and valve lift led to a second local maximum in the 
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exhaust mass flow rate.  The duration of the blowdown phase increased with 

increasing boost pressure and CADB→D occurred later.  For example, at 1500 rpm, 

CADB→D occurred at 565.8 CAD for Pin = 1.2 bar and at 579.7 CAD for Pin = 2.4 bar. 

• In general, the specific thermal exergy was dominant during the initial phase of the 

exhaust process.  After the peak mass flow rate was attained, the specific mechanical 

exergy became important (depending on the boost pressure).  For the highest boost 

pressure of 2.4 bar, the specific mechanical exergy component exceeded the 

corresponding specific thermal exergy component near the middle of the exhaust 

process.  Toward the end of the exhaust process, when the cylinder pressure was 

nearly equal to the exhaust pressure, the specific thermal exergy regained its 

significance. 

• Increasing the engine speed at a constant boost pressure increased the cumulative 

exergy in the exhaust, especially for high boost pressures.  For example, with 

increasing engine speed from 1200 rpm to 1500 rpm at Pin = 2 bar, the cumulative 

exergy increased from ~0.28 kJ to ~0.35 kJ.  On the other hand, at a constant engine 

speed, increasing the boost pressure resulted in a reduction of the cumulative exergy, 

especially for 1200 rpm.  For instance, with increasing Pin from 1.2 bar to 2.4 bar, the 

cumulative exergy reduced from ~0.37 kJ to ~0.28 kJ. 

• Regardless of engine speed, with increasing boost pressure, the mechanical 

component of the cumulative exergy increased while the thermal component 

decreased.  For example, at 1500 rpm, the thermal cumulative exergy decreased from 

~0.33 kJ at Pin = 1.2 bar to ~0.22 kJ at Pin = 2.4 bar while the mechanical cumulative 

exergy increased from ~0.04 kJ at Pin = 1.2 bar to ~0.16 kJ at Pin = 2.4 bar.  At the 
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lowest boost pressure of 1.2 bar, both mechanical and thermal components of the 

cumulative exergy were independent of engine speed. 

• The results indicate that, at least within the operating conditions investigated in this 

study, it may be beneficial to perform direct WER with a positive displacement 

expander for highly boosted engines that provide significant mechanical exergy in the 

exhaust while other WER (e.g., indirect WER strategies such as ORCs) may be more 

meaningful for low boost operating conditions that yield higher thermal exergies in 

the exhaust. 
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IV 

CHARACTERIZATION OF THE EFFECT OF EXHAUST BACK PRESSURE ON 

CRANK ANGLE-RESOLVED EXHAUST EXERGY IN A DIESEL ENGINE 

 

4.1 abstract  

To enable efficient exhaust waste energy recovery (WER), it is important to 

characterize the exergy available in engine exhaust flows.  In a recent article 

(Mahabadipour et al. (2018), Applied Energy, Vol. 216, pp. 31-44), the authors 

introduced a new methodology for quantifying crank angle-resolved exhaust exergy 

(including its thermal and mechanical components) for the two exhaust phases, viz., the 

“blowdown” phase and the “displacement” phase.  The present work combines 

experimental measurements with GT-SUITE simulations to investigate the effect of 

exhaust back-pressure (Pb) on crank angle-resolved exhaust exergy in a single-cylinder 

research engine (SCRE).  To this end, Pb values of 1, 1.4, and 1.8 bar are considered for 

conventional diesel combustion on the SCRE.  Furthermore, the effect of boost pressure 

(Pin) between 1.2 to 2.4 bar on the thermal and mechanical components of exhaust exergy 

are reported at different Pb.  The exergy available in the blowdown and the displacement 

phases of the exhaust process are also quantified.  Regardless of Pin, with increasing Pb, 

the cumulative exergy percentage in the blowdown phase reduced uniformly.  For 

example, at Pin = 1.5 bar and 1500 rpm engine speed, the cumulative exergy percentage 

in the blowdown phase decreased from 34% to 17% when Pb increased from 1 bar to 1.8 
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bar.  The percentage of fuel exergy available as exhaust exergy was quantified.  For 

instance, this normalized cumulative exergy in the exhaust increased from 10% to 21% 

when Pb increased from 1 bar to 1.8 bar at 1200 rpm.  Finally, although the present work 

focused on exhaust exergy results for diesel combustion in the SCRE, the overall 

methodology can be easily adopted to study exhaust exergy flows in different engines 

and different combustion modes to enable efficient exhaust WER. 

WER. 

4.2 Introduction 

In recent years, waste energy recovery (WER) systems have been explored for 

increasing the overall thermal efficiency of IC engines [118].  Utilizing a proper WER 

system can reduce fuel consumption of the engine, which also leads to reductions of 

engine-out CO2 emissions.  On an average, about one third of fuel chemical energy input 

is expelled with the exhaust flow [118].  This implies a significant potential for 

increasing the fuel conversion efficiency (FCE) of IC engines by employing exhaust 

WER systems. 

Different WER strategies have been investigated in the past decades [119-128].  

Yu et al. [120] suggested cascaded bottoming cycles of a steam Rankine cycle and an 

organic Rankine cycle (ORC) to recover waste energy from a heavy-duty diesel engine.  

Their study indicated that at full loads and for engine speeds lower than 2050 rpm, about 

101.5 kW of waste heat was available from the exhaust gases while the recovered power 

from the cascaded cycle was an estimated maximum of 12.7 kW.  Bari et al. [122] were 

able to decrease brake specific fuel consumption (BSFC) of a diesel generator-set by 11% 

at rated power by producing power from the enthalpy of the exhaust gas using two heat 
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exchangers.  It was reported that the BSFC improvement was 3% at 40% part load, due to 

lower exhaust temperature.  For a heavy duty diesel truck, Hountalas et al. [124] 

demonstrated that an ORC was a promising technology on the basis of overall efficiency, 

followed by the steam Rankine cycle and finally electric turbo-compounding.  Similarly, 

Andwari et al., [126] studied the performance of a heavy duty diesel engine using ORC 

and turbo-compounding as a WER device and reported that the net power improvement 

reduced the BSFC in the range of 2–3% at low speeds and 3–5% from medium to high 

speeds.  While large heavy-duty diesel engines operate at steady state conditions for a 

significant portion of their duty cycles, it is a challenge to design an efficient WER 

system for smaller engines, which encounter more transients.  Legros et al. [127] showed 

that even for transient passenger car cycles, it was possible to reduce fuel consumption by 

6%, depending on the drive cycle and the choice of the WER device. 

“Blowdown” and “displacement” are two distinguishable, sequential phases, 

which occur during the exhaust process of a typical four-stroke IC engine after exhaust 

valve opening (EVO).  The blowdown phase occurs near bottom dead center (BDC) 

before appreciable piston movement and involves the sudden expulsion of high 

temperature and pressure combustion products from the cylinder to the exhaust manifold.  

On the other hand, the displacement phase involves the expulsion of gases into the 

exhaust manifold due to the upward motion of the piston later in the exhaust stroke [70].  

Consideration of the blowdown and the displacement phases is important for exhaust 

WER systems.  For example, the divided exhaust period (DEP) is a turbocharging 

approach targeted toward improving engine efficiencies. The basic concept is to separate 

the exhaust gases from the blowdown and the displacement phases in different exhaust 
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manifolds where the high pressure manifold is attached to the turbocharger turbine inlet 

and the low pressure manifold bypasses the turbocharger.  Bharath et al. [129] used 0D 

and 1D simulations to evaluate the impact of the DEP concept on reactivity controlled 

compression ignition engine system performance at low, medium, and high loads and to 

show that BSFC decreased by 1% compared to the stock engine. Williams et al. [130] 

studied the effect of turbo-discharging on a turbocharged gasoline engine by 1D gas 

dynamic engine simulations and showed that by reducing the turbocharger turbine outlet 

pressure, turbo-discharging increased engine low speed torque.  They also showed that 

part load fuel economy increased consistently between 2% and 7% depending on the 

baseline engine air system control strategy. 

Implementation of virtually any exhaust WER system causes the back pressure 

exerted on the engine to increase, leading to higher pumping losses as well as higher 

residual gas concentrations, which affect the combustion process.  More recent studies 

have been conducted focusing on the effects of back pressure on engine efficiency and 

WER performance [131-135].  Michos et al. [132] studied the effects of the ORC 

evaporator on the performance of a high speed diesel engine and the engine exhaust gas 

backpressure.  They found that the combination of the variable geometry turbocharger 

with a recuperated cycle reduced the BSFC of the combined system by 9–10%.  Aghaali 

et al. [133] simulated the effects of exhaust back pressure on a turbocompounded engine 

using GT-POWER.  It was shown that, as the exhaust back pressure was increased, the 

specific fuel conversion (SFC) initially increased, followed by a drop off in SFC which 

resulted in the need for higher turbine efficiencies.  An optimum back pressure was found 

for different relative air-fuel equivalence ratios.  Moreover, a linear relationship was 
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found between the optimum back pressure and the ideally extrapolated cylinder pressure 

until BDC when the exhaust valves were kept closed.  Different configurations of 

turbocompounding were considered, and this linear relationship held true for each 

configuration. 

Kiwan et al. [134] also used GT-POWER for the purpose of simulating the 

tradeoffs between exhaust energy recovery and increased pumping losses in a Ford 1.6 L 

EcoBoost engine.  The increased back pressure, in this case, came from the use of a 

positive displacement expander model being implemented into the exhaust stream in two 

different arrangements.  The resulting effects on in-cylinder residuals and combustion 

were analyzed.  It was found that the use of an electric turbo generator (eTG) in both the 

low pressure and high pressure configurations shifted the engine into more knock prone 

regimes.  Despite this, the eTG was effective at improving the brake system efficiency for 

mid and high loads for a hybrid-supercharged case. The eTG was also shown to recover 

power at high loads that exceeded the increase in additional pumping losses.  Other 

studies have set out to determine the effects of exhaust back pressure on pumping losses.  

One such study by Dijkstra et al. [135] varied the exhaust pressure in a 2L, naturally 

aspirated, four-cylinder engine.  The variation in exhaust pressure was accomplished by 

reducing exhaust runner orifice diameter through the use of restriction plates.  The 

restriction hole diameters ranged from as small as 10 mm to an unrestricted 45 mm.  It 

was found that no significant fuel savings were available through the use of turbine type 

WER systems on a naturally aspirated engine.  This is because the increased pumping 

work required outweighs any benefits of the WER.  It was found, however, that slightly 

increased exhaust back pressures at very low load conditions increased the thermal 
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efficiency by as much as 2.7 percent.  This was theorized to be due to hot residual gases 

increasing, thereby reducing the need for throttling. 

Exergy is defined as the maximum theoretical useful work obtained from the 

system of interest when it interacts reversibly with the environment (a suitably idealized 

system) [5].  Therefore, exhaust gas exergy flow can be analyzed to find the maximum 

work that a WER system can extract from IC engine exhaust.  Exhaust exergy can be 

divided into thermal and mechanical exergy components.  The thermal and mechanical 

components of exergy are attributed to the temperature and pressure differences, between 

the system and the environment, respectively [65], and both exergy components are 

relevant for the purposes of exhaust WER.  Some WER systems extract the thermal 

component of the exhaust gas exergy (e.g., ORC bottoming cycles) and some extract the 

mechanical component of the exhaust gas exergy (e.g., a positive displacement 

expander).  Therefore, it is important to characterize the exergy available in engine 

exhaust flows to enable efficient exhaust WER systems.  Also, the different components 

of the exhaust exergy, including the mechanical and thermal exergies, are quantified and 

discussed.  Furthermore, the crank angle-resolved evolution of exhaust exergy is 

characterized based on the blowdown and the displacement phases.  Finally, although 

exhaust exergy results are presented only for diesel combustion in the SCRE, the overall 

methodology proposed in the present work can be easily adopted to study exhaust exergy 

flows in different engines (operating on different combustion modes) to enable efficient 

exhaust WER. 
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4.3 Relevance of Present Research to Heavy Duty Diesel Engines 

A major thrust of ongoing research programs on heavy-duty diesel engines is 

identifying and implementing strategies to improve FCE. For example, to achieve the 

difficult target of 55% brake FCE set for the US Department of Energy’s ongoing 

SuperTruck II program for heavy-duty diesel engines [16], it is necessary to exploit as 

much of the fuel’s chemical energy that is wasted in the engine.  As discussed above, 

exhaust WER is an important, practically relevant FCE improvement strategy and a 

detailed thermodynamic analysis of engine exergy flows is needed to inform the design 

of exhaust WER systems.  However, conventional exergy analyses (e.g., Ref. [136]) 

typically seek only overall (global) exergy losses with the exhaust, the coolant, etc. 

In a recent publication [21], the authors presented a new methodology for 

quantifying crank angle-resolved exergy in the exhaust manifold during the entire 

exhaust process. Since the motivation for the previous study was to present and discuss 

the overall approach used to quantify crank angle-resolved exhaust exergy histories, the 

exhaust manifold pressure was fixed at a baseline atmospheric value of Patm = 1.01325 

bar for all experiments.  However, in practical turbocharged heavy-duty engines, the 

exhaust pressure varies with the exhaust gas temperature and the required boost pressure 

for a given mass air flow rate.  In addition, the utilization of any exhaust aftertreatment 

device (e.g., diesel particulate filter, selective catalytic reduction device for NOx, and 

diesel oxidation catalyst) can impose a backpressure on the engine.  The present work 

examines the impact of exhaust backpressure on crank angle-resolved exhaust exergy 

histories under more realistic conditions. 
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4.4 Objectives 

The primary objectives of the current work are as follows: 

• Characterize the effect of exhaust back pressure on the crank angle-

resolved exhaust exergy. 

• Quantify the mechanical and thermal components of the exhaust exergy 

flow as well as the exergy apportionment in the blowdown and 

displacement phases. 

• Quantify the fraction of fuel exergy that is available as exhaust exergy and 

further characterize the corresponding mechanical and thermal 

components to guide the selection of the best WER system for an engine. 

4.5 Methodology 

In this section, the methodology introduced by Mahabadipour et al. [21] is 

described briefly; additional details may be obtained from Ref. [21]. 

As mentioned before, exhaust gas exergy quantifies the maximum work that can 

be extracted from engine exhaust.  Neglecting the chemical exergy in the exhaust flows 

of diesel engines (considering their high combustion efficiencies), the specific exergy of 

exhaust flows contains only the physical component, which is calculated as follows: 

 𝑒𝑥 = (ℎ − ℎ0) − 𝑇0(𝑠 − 𝑠0)  (4.1) 

where, h and s are the specific enthalpy (kJ/kg) and the specific entropy (kJ/kg-K) of the 

exhaust flow, respectively, and h0 and s0 are the corresponding properties at the dead 

state.  When there is no pressure or temperature difference between a system and the 

environment, the physical work potential of the system is zero, by definition.  Therefore, 

the system is said to be at the “restricted dead state.”  In this study, T0 and P0 are the 
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temperature (298.15 K) and pressure (1.01325 bar), respectively, of the restricted dead 

state.  

The physical exergy includes both thermal exergy and mechanical exergy.  The 

mechanical exergy is due to the pressure difference and the thermal exergy is due to the 

temperature difference between the system and the environment [1].  Therefore, the 

specific physical (thermomechanical) exergy can be written as: 

 𝑒𝑥 = 𝑒𝑥𝑇𝐻 + 𝑒𝑥𝑀𝐸   (4.2) 

where, exTH is the specific thermal exergy (kJ/kg) and exME is the specific mechanical 

exergy(kJ/kg).   

Considering ideal gas properties for the combustion products, the following 

relations were used to calculate the change of enthalpy and the change of entropy in 

Equation 4.1: 

 ℎ − ℎ0 = ∫ 𝑐𝑝(𝑇)𝑑𝑇
𝑇

𝑇0
 (4.3)  

 𝑠 − 𝑠0 = ∫ 𝑐𝑝(𝑇)
𝑑𝑇

𝑇
− 𝑅𝑙𝑛 (

𝑃

𝑃0
)

𝑇

𝑇0
 (4.4) 

where, cp is the constant pressure specific heat(kJ/kg), R is the characteristic gas 

constant(kJ/kg-K), T (K) and P (bar) are the temperature and the pressure, respectively, 

of the burned gas mixture in the exhaust flow. The constant pressure specific heat was 

obtained as a function of exhaust temperature based on a fourth order polynomial curve 

[70]. 

Combining Equations (4.1)-(4.4), the thermal and the mechanical specific 

exergies of the exhaust flow can be written as: 

 𝑒𝑥𝑇𝐻 = ∫ 𝑐𝑝(𝑇)𝑑𝑇 − 𝑇0 ∫ 𝑐𝑝(𝑇)
𝑑𝑇

𝑇

𝑇

𝑇0

𝑇

𝑇0
 (4.5) 
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 𝑒𝑥𝑀𝐸 = 𝑇0𝑅𝑙𝑛 (
𝑃

𝑃0
) (4.6) 

In the present work, the crank angle-resolved exhaust pressure was 

experimentally obtained with a piezoresistive sensor installed in the exhaust manifold.  A 

detailed discussion of the crank angle-resolved evolution of the exhaust pressure pulse in 

a diesel-fueled SCRE is provided by Bohach et al. [116].  Since high-speed temperature 

measurements were not available, crank angle resolved exhaust temperature was 

numerically obtained using a GT-SUITE-based system-level simulation of the SCRE.  

The numerical results were also used to obtain the instantaneous exhaust mass flow rate.  

By knowing the crank angle resolved pressure, temperature, and specific heat, the crank 

angle resolved specific thermal and mechanical exergies were calculated by invoking 

Equations 4.5 and 4.6.  The exhaust mass flow rate was used to calculate the total exergy 

rate of the exhaust flow: 

 𝐸�̇� = �̇� ∙ 𝑒𝑥 (4.7) 

Finally, the cumulative exergy in the exhaust flow was calculated by integrating 

Equation 4.7 with respect to time.  In the following sections, the experimental setup and 

the numerical simulation are explained. 

4.6 Experimental Conditions 

The present work investigates the effect of exhaust back pressure on crank angle-

resolved exhaust exergy in a diesel fueled single-cylinder research engine (SCRE).  The 

exhaust exergy flows were quantified at an engine load of 2.5 bar brake mean effective 

pressure (BMEP), engine speeds of 1200 and 1500 rpm, and intake boost pressures of 

1.2, 1.5, 2, and 2.4 bar. at three different exhaust back pressures of 1, 1.4 and 1.8 bar (0, 
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6, and 12 psig).  Table 4.1 summarizes the different test parameters and their values 

considered in this study. 

Table 4.1  Investigated test parameters and their values 

Engine speed 

(rpm) 

Back pressure- 

Pb (bar) 

Boost pressure- 

Pin (bar) 

1200 

1500 

1 

1.4 

1.8 

1.2 

1.5 

2 

2.4 

4.7 Experimental setup and model simulation 

The experiments were conducted on a four-stroke, compression ignition, diesel-

fueled SCRE.  Table 4.2 provides engine details and operating conditions.  A 250 hp AC 

regenerative engine dynamometer controlled by a Dyne Systems Inter-Loc V controller 

was used to motor the SCRE, absorb power, and provide torque and speed measurements 

as well as speed control.  Engine torque was controlled by the diesel fueling rate.  Figure 

4.1 shows a schematic of the measurement devices and the complete experimental setup. 

An external air compressor, with a heatless desiccant air dryer, was used to provide 

compressed air to the engine intake manifold to simulate boosted inlet conditions.  Intake 

air flow rate was measured using a sonic orifice flow meter (FlowMaxx Model SN16-

SA-235) coupled with measurements of pressure and temperature upstream of the flow 

meter.  A minimum inlet-to-outlet pressure ratio of 1.2 was maintained across the orifice 

to ensure choked flow across the sonic orifice at all engine operating conditions.  The 

mass flow rate of diesel was measured using a Micro Motion coriolis mass flow meter 

(Model CMF025M319N2BAEZZZ) with 0.35 percent accuracy of reading.  A Bosch 

CP3 common-rail injection pump and injector were used for diesel injection.  Diesel 
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injection was controlled using a National Instruments standalone direct injector driver 

system coupled with CALVIEW software. 

Table 4.2 Engine details and operating conditions 

Engine Type SCRE based on a Doosan, DV-11 Platform 

Number of Cylinders 1 

Displacement 1.827 L 

Compression Ratio 15.1:1 

Valve Train 2 Intake, 2 Exhaust valves 

Bore x Stroke 128 x 142 mm 

Connecting Rod Length 228 mm 

IVO / IVC 4 / 174 CAD 

EVO / EVC 503 / 712 CAD 

Engine load (BMEP) 2.5 bar 

 

In-cylinder pressure was measured using a Kistler 6052C piezoelectric pressure 

sensor coupled to an Kistler Type 5010B charge amplifier.  A water-cooled Kistler Type 

4049A piezoresistive pressure sensor with integrated inline signal amplifiers was used to 

obtain crank-resolved exhaust pressure (installed 42 mm away from the exhaust port).  

The exhaust back pressure was regulated with a valve mounted to the exhaust tank outlet.  

To acquire crank angle-resolved in-cylinder pressure and exhaust pressure, an 

incremental shaft encoder (BEI model XH25D-SS-3600-ABZC-28V/V-SM18) with a 

resolution of 0.1 crank angle degrees (CAD) was used. Two separate data acquisition 

systems were used in the experiments, one each for engine-synchronous and engine 
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asynchronous data acquisition.  A National Instruments DAQ system recorded steady-

state data over 60 seconds through a custom-designed LabVIEW virtual instrument and 

an AVL IndiSmart system collected crank angle-resolved (transient) data over 1000 

consecutive engine cycles.  

 

Figure 4.1 SCRE experimental setup 

A system-level simulation of the SCRE was developed using GT-SUITE software 

to calculate crank angle resolved exhaust temperature and exhaust mass flow rate.  A 

non-predictive combustion model was used in the simulation, in which a burn rate was 

imposed inside the cylinder, regardless of the actual in-cylinder conditions.  The 
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combustion model uses the so-called three pressure analysis (TPA) approach in GT-

SUITE, which leverages three measurements, namely, intake pressure, exhaust pressure, 

and in-cylinder pressure to calculate the crank angle-resolved burn rate inside the 

cylinder.  Additional details of the TPA approach may be obtained from the GT-SUITE 

user manual [117].  Heat transfer to the cylinder walls was modeled using Woschni’s 

correlation [60].  All the parameters of the SCRE such as intake runner, exhaust runner, 

and engine geometry were modeled accurately in the software based on actual 

measurements.  The intake and exhaust valve lift were modeled in the GT-SUITE 

simulation according to the valve lift profiles measured from the SCRE.  Figure 4.2 

shows the comparison of sample experimental results and model predictions for heat 

release rate and in-cylinder pressure at 1500 rpm engine speed, intake boost pressure (Pin) 

= 1.5 bar and exhaust back pressure (Pb) = 1.4 bar.  It should be noted that the absolute 

crank angle degree convention was used throughout the paper.  In this terminology, the 

engine cycle starts from 0 CAD, which corresponds to the gas exchange TDC and ends at 

720 CAD; consequently, in this notation, compression TDC will be 360 CAD.  As shown 

in Figure 4.2, the model predicts both heat release rates and in-cylinder pressure histories 

accurately.  Consequently, the model can be used to obtain additional results regarding 

the exhaust flow. 
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Figure 4.2 Comparison of predicted and experimental AHRRs and in-cylinder 

pressures at 1500 rpm, Pin=1.5 bar and Pb=1.4 bar 

4.8 Results and Discussion 

In this section, exhaust exergy results are presented at different operating 

conditions for a diesel fueled SCRE.  Since the crank angle-resolved trends for both 

engine speeds (i.e., 1200 rpm and 1500 rpm) were similar, only the results for 1500 rpm 

are presented here.  However, the cumulative results are presented for both engine 

speeds. 

Figure 4.3 shows the experimental measured exhaust manifold and in-cylinder 

pressures, in addition to the predicted exhaust and in-cylinder temperature and mass flow 

rate at 1500 rpm engine speed, Pin=1.5 bar and Pb=1.4 bar.  When exhaust valve opened, 

the blowdown phase is characterized by a sudden discharge of the burned gases due to 
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the high pressure difference between the in-cylinder pressure and the exhaust manifold 

pressure, which leads to the maximum exhaust mass flow rate.  Then, in-cylinder 

pressure reduced while exhaust manifold pressure increased on account of mass transfer 

from cylinder to exhaust manifold.  Thus, the pressure difference between exhaust 

manifold and in-cylinder pressures reduced till mass flow rate reached a minimum.  This 

crank angle is considered as the transition from the blowdown phase to the displacement 

phase (CADB→D).  At CADB→D, the exhaust mass flowrate is negative, indicating 

backflow from the exhaust manifold into the cylinder.  In the displacement phase, due to 

negligible pressure difference between in-cylinder and exhaust manifold, the exhaust 

mass flow rate is completely controlled by the upward piston movement toward TDC.  

 

Figure 4.3 In-cylinder temperature, pressure, exhaust temperature, pressure and mass 

flow rate at Pin=1.5 bar, Pb=1.4 bar and 1500 rpm 
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4.8.1 Specific Exergy  

Figure 4.4 shows the crank angle resolved specific exergy at 1500 rpm engine 

speed, at Pin=1.5 bar and different Pb of 1 bar, 1.4 bar and 1.8 bar.  It is evident that 

throughout the exhaust process, the specific exergy is higher for higher Pb.  This is 

intuitive because the exhaust temperature and pressure (i.e., the main parameters 

affecting specific thermal and mechanical exergies) increased with increasing exhaust 

back pressure.  It is also shown that the peak specific exergy occurred around the 

blowdown to displacement phase transition crank angle.  The arrows in Figure 4.4 show 

CADB→D.  At Pb = 1 bar, blowdown to displacement crank angle occurred at 568 CAD 

while it happened at 562 CAD and 555 CAD at 1.4 bar and 1.8 bar back pressures, 

respectively.  Therefore, with increasing the exhaust back pressure, blowdown phase 

duration decreased uniformly and thus displacement phase duration increased.  To better 

understand specific exergy trends, mechanical specific exergy and thermal specific 

exergy are considered next. 
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Figure 4.4 Specific exergy at Pin=1.5 bar, 1500 rpm and different Pb 

Figures 4.5 shows the crank angle resolved specific thermal exergy and Figure 4.6 

shows the crank angle resolved specific mechanical exergy at different back pressures, 

Pin=1.5 bar and 1500 rpm engine speed. It is evident that during the exhaust process, with 

increasing the exhaust back pressure, the specific thermal exergy and specific mechanical 

exergy increased monotonically.  Figure 4.5 indicates that higher specific thermal exergy 

observed at higher back pressures, is consistent with the higher measured steady state 

exhaust temperature.  As shown in Figure 4.5, steady state exhaust temperatures 

increased from 200.8 °C at Pb = 1 bar to 227.5 °C at Pb = 1.4 bar and to 267.1 °C at Pb = 

1.8 bar.  Also, it is shown that during the exhaust process, at 1 bar back pressure, the 

specific thermal exergy was uniform in the majority of the blowdown phase and greater 
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than the specific thermal exergy during the displacement phase.  With increasing back 

pressure, the uniformity of the specific thermal exergy in the beginning of the exhaust 

process did not exist anymore, especially at the maximum back pressure of 1.8 bar (this 

trend was observed for the low boost pressures, while at high boost pressures, the specific 

thermal exergy was uniform at higher back pressures).  Furthermore, as shown in Figure 

4.6, it was found that the maximum specific mechanical exergy at different back 

pressures occurred at the blowdown to displacement transition crank angle (this was 

observed for different boost pressures and engine speeds).  

 

Figure 4.5 Specific thermal exergy at Pin = 1.5 bar, 1500 rpm and different Pb 
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Figure 4.6 Specific mechanical exergy at Pin = 1.5 bar, 1500 rpm and different Pb 

4.8.2 Specific Exergy Percentage  

To study the distribution of specific mechanical and thermal exergies in the 

exhaust process at different operating conditions, their percentage contributions to the 

total specific exergy were considered.  For this purpose, the minimum and maximum 

boost pressures at a given engine speed (e.g. 1500 rpm) were selected.  In this regard, 

Figures 4.7 and 4.8 show the percentage distributions of specific mechanical and specific 

thermal exergy at different back pressures, at 1.2 bar and 2.4 bar boost pressures, 

respectively.  As shown in these figures, the magnitude from 0% to the curves shows the 

specific mechanical exergy as a percentage of total specific exergy while the remainder 

(from the curves to 100%) shows the specific thermal exergy as a percentage of total 
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specific exergy.  From Figure 4.7, it is evident that at the low boost pressure, the majority 

of specific exergy during the exhaust process consists of thermal specific exergy because 

at low boost pressure, the average (and crank angle-resolved) exhaust temperature is the 

highest.  For example, at Pb = 1.4 bar and 640 CAD, 26% of the specific exergy is from 

mechanical exergy and 74% is from thermal exergy.  Also, Figure 4.7 shows that, at the 

high back pressure of 1.8 bar, the specific exergy percentages are almost invariant during 

the exhaust process.  In other words, the ratio of mechanical to thermal specific exergy in 

the blowdown and displacement phases remains almost constant.  At Pb = 1.4 bar, the 

specific mechanical exergy percentage is slightly lower in the blowdown phase than 

displacement phase, but the difference is not noticeable.  At Pb = 1 bar, which 

corresponds to the ambient pressure, the specific mechanical exergy percentage is 

negligible in the blowdown phase but increased sharply to a maximum during the 

transition to the displacement phase and then reduced to a minimum at the end of exhaust 

process.   
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Figure 4.7 Specific exergy percentage contributions from mechanical and thermal 

components at Pin = 1.2 bar, 1500 rpm and different Pb 

Figure 4.8 shows that at the high boost pressure, the majority of specific exergy 

during the exhaust process is mechanical specific exergy, especially in the displacement 

phase, because at high boost pressure the exhaust pressure is relatively higher.  For 

example, at Pb = 1.4 bar and 640 CAD, 66 % of specific exergy is mechanical exergy and 

34 % is thermal exergy.  However, at the high back pressure of 1.8 bar, in the blowdown 

and displacement phases, the specific mechanical and thermal exergy contributions are 

nearly similar in magnitude even though the specific mechanical exergy minimum 

occurred in the blowdown phase (which corresponds to the maximum thermal specific 

exergy).  This minimum point for the mechanical specific exergy occurred for lower back 

pressures of 1.4 bar and 1 bar around the same point in the blowdown phase.  It is shown 
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that at lower back pressures, the thermal specific exergy is significant during the 

blowdown phase while in the displacement phase, mechanical specific exergy is 

significant with almost the same percentage for different back pressures.  Simultaneous 

increase and decrease of pressure and temperature cause the percentage distributions to 

be invariant.  For example, at Pb = 1 bar, for about 30 CAD after EVO, the exhaust 

pressure was almost constant while exhaust temperature increases slightly, leading to a 

reduction in the mechanical exergy percentage. This reduction is noticeable for the high 

boost pressure (Figure 4.8).  Then, the exhaust pressure increases significantly, which 

results in a noticeable increase in exhaust temperature.  When Pb is low, the exhaust 

temperature does not increase at the same rate, resulting in higher mechanical exergy 

percentage and lower thermal exergy percentage.  However, when Pb is high, (especially 

at low Pin), the exhaust temperature increases at the same rate, keeping the percentage 

distributions constant.  Therefore, Figures 4.7 and 4.8 indicate that at low Pb, the rate of 

change of specific mechanical and specific thermal exergies are different while at high 

Pb, they are similar, especially for low Pin.  
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Figure 4.8 Specific exergy percentage contributions from mechanical and thermal 

components at Pin = 2.4 bar, 1500 rpm and different Pb  

4.8.3 Exergy Rates 

To calculate the total exhaust exergy rate that can be extracted with a WER 

system downstream of the exhaust valve, the exhaust mass flow rate should also be 

considered.  Figure 4.9 shows the total exhaust exergy rate and its thermal and 

mechanical components at Pb = 1.8 bar, Pin = 1.5 bar and 1500 rpm engine speed.  For this 

condition, it is evident that the thermal exergy is higher than the mechanical exergy 

during the exhaust process.  Also, it is worth noting that between 545 and 565 CAD, the 

exergy is considered zero due to negative mass flow rate from the exhaust manifold to the 

cylinder.  In other words, since the exhaust gas flows back into the cylinder, its exergy is 



 

123 

not available anymore for a WER system downstream of the exhaust valve; therefore, the 

exergy associated with exhaust backflows is considered zero for the present purpose.   

 

Figure 4.9 Total exergy rate and its thermal and mechanical components at Pb = 1.8 

bar, Pin = 1.5 bar, and 1500 rpm 

4.8.4 Cumulative Exergy  

The total available work in the exhaust flow (termed the cumulative exergy) can 

be calculated by integrating the exergy with respect to time during the exhaust process.  

In this section, the cumulative exergy in the exhaust process at different conditions is 

discussed.  Figures 4.10 and 4.11 show the cumulative exergy of exhaust flow at different 

engine speeds and back pressures, at Pin = 1.5 bar and Pin = 2.4 bar, respectively.  With 

increasing Pb from 1 bar to 1.8 bar, the total cumulative exergy increased regardless of 
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Pin.  This trend can be attributed to the higher specific mechanical and thermal exergies at 

higher Pb (cf. Figs 5 and 6).  Also, the total cumulative exergy increased with engine 

speed due to the higher exhaust mass flow rate.  Moreover, with increasing Pb, the 

cumulative mechanical and thermal exergies increased monotonically due to higher 

exhaust temperatures and pressures.  Also, similar to the total cumulative exergy trends, 

the cumulative mechanical and thermal exergies were increased with engine speed due to 

higher exhaust mass flow rates.  A comparison of Figures 4.10 and 4.11 shows that 

regardless of engine speed, at low Pin, the cumulative thermal exergy is higher than 

cumulative mechanical exergy.  It means that the majority of the total cumulative exergy 

is thermal exergy.  Therefore, a WER system, which extracts thermal exergy, may be 

better suited for engine operation at low Pin, at least for the present diesel-fueled SCRE.  

On the other hand, regardless of engine speed, at high Pin, the cumulative mechanical 

exergy is higher than the cumulative thermal exergy and the majority of total cumulative 

exergy in the exhaust process is mechanical exergy.  Consequently, a WER system which 

extracts mechanical exergy (such as a positive displacement expander), may be better 

suited for engine operation at high Pin. 
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Figure 4.10 Cumulative exergy (Tot) and its thermal (TH) and mechanical (ME) 

components at different Pb and engine speeds at Pin = 1.5 bar 
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Figure 4.11 Cumulative exergy (Tot) and its thermal (TH) and mechanical (ME) 

components at different Pb and engine speeds at Pin = 2.4 bar 

Figure 4.12 shows the blowdown cumulative exergy percentage at different Pin 

and Pb at 1500 rpm.  Regardless of Pin, with increasing Pb, the cumulative exergy 

percentage in the blowdown phase decreases monotonically.  In other words, a smaller 

fraction of the exergy is available in the blowdown phase at higher back pressures.  For 

example, at Pin = 1.5 bar, the percentage of cumulative exergy in the blowdown phase 

decreased from 34% at Pb =1 bar to 17% at Pb = 1.8 bar. This uniform reduction in the 

blowdown portion of cumulative exergy has been observed for different Pin as shown in 

Figure 4.12.  Moreover, at a constant Pb, with increasing Pin, the cumulative exergy 

percentage in the blowdown phase increased monotonically.  For instance, at Pb = 1.4 bar, 

the cumulative exergy percentage increased from 20% at Pin = 1.2 bar to 37% at Pin = 2.4 



 

127 

bar.  Figure 4.13 shows the blowdown cumulative exergy percentage at different Pb and 

engine speeds for Pin = 1.5 and Pin = 2 bar.  The reduction in blowdown cumulative 

exergy percentage was observed at the lower engine speed of 1200 rpm as well.  Also, 

Figure 4.13 indicates that, at different Pin, the blowdown cumulative exergy percentage is 

higher at the lower engine speed.  This is due to the increase of total exergy rate of 

exhaust flow during the displacement phase at the higher engine speed which leads to a 

reduction of the blowdown cumulative exergy percentage.  Also, it should be noticed that 

even though the higher engine speed has the longer blowdown phase (e.g., at Pb = 1.4 bar 

and Pin = 2 bar, CADB→D values are 561 CAD and 569 CAD at 1200 rpm and 1500 rpm, 

respectively), the time duration corresponding to one crank angle is longer for the lower 

engine speed, and therefore, integration of total exergy rate with respect to time leads to 

higher cumulative exergy for the lower engine speed in the blowdown phase (actual 

blowdown durations are 8.1 ms and 7.3 ms corresponding to 1200 rpm and 1500 rpm, 

respectively). 
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Figure 4.12 Blowdown cumulative exergy percentage for different Pin and Pb at 1500 

rpm 
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Figure 4.13 Blowdown cumulative exergy percentage at different Pb and engine speeds 

at Pin = 1.5 and 2 bar 

Figure 4.14 shows the cumulative exergy percentage in the blowdown phase at Pb 

= 1.4 bar and different Pin and engine speeds.  With increasing Pin and engine speed, the 

cumulative exergy percentage in the blowdown phase increased.  This is due to the higher 

exergy of exhaust flow in the blowdown phase at higher Pin (mainly due to the higher 

exhaust mass flow rates) coupled with the prolongation of the blowdown phase with 

increasing Pin.  For example, at 1500 rpm engine speed and Pin = 1.2 bar, the CADB→D 

occurred at 557 CAD and the exhaust flowrate was 102.6 kg/h while at Pin = 2.4 bar, the 

CADB→D occurred at 572 CAD and the exhaust flowrate was 210.5 kg/h.  Therefore, at 

1500 rpm engine speed, the cumulative exergy percentage in the blowdown increased 

from 20% at Pin = 1.2 to 37% at Pin = 2.4 bar.  Also, as mentioned previously, due to the 
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longer blowdown duration (in seconds) at lower engine speed, the blowdown cumulative 

exergy percentage is higher at the lower engine speed, despite the increase of total exergy 

rate of exhaust flow during the displacement phase at the higher engine speed. 

 

Figure 4.14 Blowdown cumulative exergy percentage at Pb = 1.4 bar and different Pin 

and engine speeds  

4.8.5 Normalized Cumulative Exergy 

After calculating total, mechanical and thermal cumulative exergies of the exhaust 

flow at different operating conditions, the percentage of the fuel chemical exergy 

available as exhaust exergy (and as its mechanical and thermal components) was 

calculated to see if it could prove to be a useful design metric.  It should be noted that in 

the present study, different amounts of fuel (diesel) were used at different operating 
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conditions to maintain the engine at the constant load of 2.5 bar BMEP.  In other words, 

it is possible that more fuel was used in a case with higher exhaust cumulative exergy and 

thus a simple comparison based on the cumulative exergy in the exhaust stream alone 

might be misleading.  To address this issue and to attain a better understand the actual 

amount of available work in the exhaust at different operating conditions, a normalized 

cumulative exergy was defined as the ratio of exhaust cumulative exergy to the consumed 

fuel exergy in one engine cycle.  Therefore, normalized cumulative exergy represents the 

percentage of fuel chemical exergy in the exhaust stream.  The normalized cumulative 

exergy can also be factored into a meaningful distribution of fuel exergy between thermal 

and mechanical components of exhaust cumulative exergy at different operating 

conditions. 

The chemical exergy of a hydrocarbon fuel can be evaluated by considering the 

complete combustion of the fuel with diatomic oxygen, which is comparable with the 

lower heating value of the fuel [5].  Chemical exergy of liquid hydrocarbon fuels of the 

type CxHy can be approximated as follows [6]: 

 𝛼 = 𝐿𝐻𝑉 (1.04224 + 0.011925
𝑦

𝑥
−

0.042

𝑥
) (4.8) 

where, α and LHV are chemical exergy and lower heating value of the fuel, respectively.  

In the present study, n-dodecane (C12H26) is taken as a single component surrogate for 

diesel with LHV of 44,467 (kJ/kg) [137].  Thus, using the measured diesel flow rates at 

different operating conditions and calculated exhaust cumulative exergies, the normalized 

cumulative exergies are calculated.  For the current set of experiments (i.e., constant 

load), the trend of normalized cumulative exergies with respect to back pressure is similar 
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to cumulative exergy trend, however, the percentage values of the normalized cumulative 

exergy make it more useful for WER applications. 

Figure 4.15 shows the normalized cumulative exergy in the exhaust flow and its 

mechanical and thermal apportionments, at Pin = 1.5 bar and different Pb.  It is evident 

that at Pb = 1 bar, the minimum normalized cumulative exergy was obtained.  However, 

with increasing Pb, the percentage of fuel chemical exergy in the exhaust flow (i.e., the 

normalized cumulative exergy) increased linearly and so do its thermal and mechanical 

components at both engine speeds.   

 

Figure 4.15 Normalized cumulative exergy (Tot) and its thermal (TH) and mechanical 

(ME) components at different Pb and engine speeds at Pin = 1.5 bar 
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For instance, at 1200 rpm engine speed, the normalized cumulative exergy, 

increased from 10% to 21% when Pb increased from 1 bar to 1.8 bar.  These linear 

increments of normalized cumulative exergy can be observed for mechanical and thermal 

components of exhaust exergy as well.  For example, at 1200 rpm and Pb = 1 bar, only 

2% of the fuel chemical exergy existed in the mechanical component of the exhaust 

cumulative exergy while at the maximum Pb of 1.8 bar, it was about 8%.  On the other 

hand, the thermal component of exhaust cumulative exergy increased from about 8% at 

Pb = 1 bar to about 13% at Pb = 1.8 bar.  It is also evident that the normalized cumulative 

exergy and its components are higher at the higher engine speed of 1500 rpm.  These 

trends were valid for other values of Pin as well, which indicate that for increasing the 

engine-WER system efficiency, it may be advantageous to operate at higher engine 

speeds. 
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Figure 4.16 Normalized total cumulative exergy at 1500 rpm and different Pin and Pb 

At the engine speed of 1500 rpm, the normalized cumulative exergy in the 

exhaust flow at different Pin and three different Pb is shown in Figure 4.16.  It is seen that, 

regardless of Pin, normalized cumulative exergy is always higher at higher Pb.  It is also 

evident that normalized cumulative exergy is almost invariant with respect to Pin.  For 

example, at Pb = 1 bar, Pb =1.4 bar, and Pb =1.8 bar, the exhaust flow contained around 

14%, 18% and 24%, respectively, of the fuel chemical exergy at different Pin.  Therefore, 

for an engine with WER systems that extract both mechanical and thermal components of 

the exhaust exergy, the efficiency will not be significantly different at different Pin.  This 

trend is better explained in Figures 4.17 and 4.18, which present the thermal and 

mechanical components of normalized cumulative exergy as a function of Pin.  In 
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actuality, the thermal and mechanical components of exergy offset each other with 

increasing Pin, which results in a nearly invariant normalized cumulative exhaust exergy 

with Pin. 

 

Figure 4.17 Normalized thermal cumulative exergy at 1500 rpm and different Pin and Pb 
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Figure 4.18 Normalized mechanical cumulative exergy at 1500 rpm and different Pin 

and Pb 

Figures 4.17 and 4.18 show the normalized thermal and mechanical cumulative 

exergies at 1500 rpm and different Pin and Pb.  It is evident that with increasing Pin, the 

percentage of fuel exergy available as the thermal component of exhaust exergy reduces 

uniformly.  For instance, at Pb=1.4 bar, normalized thermal cumulative exergy reduced 

from 14% to 7% when Pin increased from 1.2 bar to 2.4 bar.  On the other hand, there is a 

linear increase in the percentage of fuel chemical exergy available as the mechanical 

component of cumulative exhaust exergy at higher Pin.  For example, at Pb=1.8 bar, 

normalized mechanical cumulative exergy increased from 7% to 15% when Pin increased 

from 1.2 bar to 2.4 bar.  Also, normalized mechanical and thermal cumulative exergies 

were higher at Pb, regardless of Pin.   
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Therefore, for an engine with a WER system which only utilizes the thermal 

component of exhaust exergy, higher system efficiencies may be achieved when it 

operates at lower boost pressure and higher back pressure.  On the other hand, for an 

engine with a WER system that exploits the mechanical component of exergy, higher 

system efficiencies may be achieved when it operates at higher boost pressure and higher 

back pressure. 

In summary, Figures 4.15-4.17 clearly illustrate the need to examine both the 

thermal and the mechanical components of normalized cumulative exhaust exergy. While 

conventional global exergy analyses (e.g., following a procedure similar to Ref. [136]) 

may arrive at a conclusion similar to Figure 4.15, further examination of the thermal and 

mechanical components as illustrated in Figures 4.16 and 4.17 clearly serve to provide 

better guidance in the choice of a WER system for a particular set of engine operating 

conditions. 

4.9 conclusions 

From the perspective of enabling efficient exhaust WER systems, the present 

study focused on quantifying the influence of exhaust back pressure on the exhaust flow 

exergy (maximum available work with the exhaust flow) of a diesel-fueled single-

cylinder engine.  To this end, a systematic crank angle-resolved exhaust exergy analysis, 

which leveraged experimental dynamic exhaust pressure measurements and GT-SUITE 

simulations, was performed at an engine load of 2.5 bar BMEP, engine speeds of 1200 

and 1500 rpm, intake boost pressures (Pin) of 1.2, 1.5, 2, and 2.4 bar, and exhaust back 

pressures (Pb) of 1, 1.4, and 1.8 bar (0, 6, 12 psig).  The thermal and mechanical 

components of the exhaust exergy flow at different conditions were quantified to 
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distinguish between the different portions of exergy utilized by different exhaust WER 

systems (e.g., ORCs, which utilize the thermal portion of exhaust energy and positive 

displacement expanders, which utilize the mechanical portion).  In addition, the effects of 

different engine operating conditions on the exergy available in the blowdown and the 

displacement phases of the exhaust process were quantified. 

• The results showed that during the exhaust process, the specific exergy as 

well as the mechanical and thermal specific exergies were higher for 

higher Pb.  Also, it was found that the peak specific exergy occurred 

around the crank angle at which the exhaust process transitioned from the 

blowdown to the displacement phase (CADB→D). 

• With increasing Pb, the blowdown phase duration decreased uniformly, 

which resulted in an increase of the displacement phase duration.  It was 

shown that at the low Pin, the majority of the specific exergy during the 

exhaust process comprised the thermal specific exergy while at the high 

Pin, the mechanical exergy component dominated.   

• It was also demonstrated that regardless of Pin, with increasing Pb (or 

engine speed), the total cumulative exergy as well as its mechanical and 

thermal components increased.  Also, regardless of engine speed, at high 

Pin, the cumulative mechanical exergy was higher than the cumulative 

thermal exergy and at low Pin, the opposite was true.  Therefore, at least 

for the conditions studied herein, it is reasonable to conclude that a WER 

system that extracts mechanical exergy may be better suited for high boost 
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operating conditions while a WER system designed for thermal exergy 

extraction may be better suited for low boost conditions.   

• Regardless of Pin, with increasing Pb, the cumulative exergy percentage in 

the blowdown phase reduced uniformly, which showed that a smaller 

fraction of the exergy is available in the blowdown phase at higher Pb.  

Also, at different Pin, the blowdown cumulative exergy percentage was 

higher at lower engine speed.  Moreover, with increasing Pin and engine 

speed, the cumulative exergy in the blowdown phase increased. 

• With increasing Pb, the percentage of fuel chemical exergy available in the 

exhaust (i.e., normalized cumulative exergy) as well as its mechanical and 

thermal components increased linearly. Also, normalized cumulative 

exergy and its components were higher at higher engine speed.  However, 

the normalized cumulative exergy was almost invariant with Pin because, 

with increasing Pin, the normalized thermal cumulative exergy reduced but 

normalized mechanical cumulative exergy increased, uniformly for all 

values of Pb. 

Finally, although exhaust exergy results were presented only for diesel 

combustion in the SCRE in the present work, the overall methodology can be easily 

adopted to study exhaust exergy flows in different engines operating on different 

combustion modes to enable efficient exhaust WER. 
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V 

INVESTIGATION OF EXHAUST FLOW AND EXERGY FLUCTUATIONS IN A 

DIESEL ENGINE 

 

5.1 Abstract 

In the present study, we investigate cyclic fluctuations of exhaust flow through 

measured variations in instantaneous pressure of the exhaust manifold and its 

implications on the exergy (the useful available energy) of exhaust flow of a single 

cylinder representation of a heavy-duty diesel engine over a range of operating 

conditions.  The engine was operated at a speed of 1500 rpm and at loads of 2.5 bar and 5 

bar brake mean effective pressure (BMEP) and different boost pressures (1.2 bar to 2.4 

bar).  Instantaneous exhaust pressures were measured over 1000 consecutive engine 

cycles by a piezoresistive exhaust sensor and instantaneous exhaust temperatures as well 

as mass flow rates were obtained by constructing GT-SUITE models.  Cycle to cycle 

variations in magnitudes of maximum measured exhaust pressure, calculated exhaust 

temperature and phasing of the blowdown to displacement transition were analyzed.  

Additionally, cyclic variability in exhaust exergy components, i.e. thermal and 

mechanical exergies were estimated.  The results show that the magnitude of the 

maximum exhaust pressure increased at higher engine load (i.e., from the average values 

of 1.63 bar to 2.00 bar at 2.5 bar BMEP to the average values of 1.78 bar to 2.16 bar at 5 

bar BMEP).  Also, the crank-resolved ensemble exergy rate in the exhaust process was 
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higher at higher engine load and the return maps of the cumulative exergy at both engine 

loads exhibited a stochastic pattern.  Furthermore, the mechanical component of exergy 

in the exhaust process had lower variations in comparison to the thermal component of 

exergy at both engine loads. 

5.2 Introduction 

The heavy duty vehicles are faced with a difficult challenge of achieving 55% 

brake thermal efficiencies with ultra-low engine-out emissions under the recently 

announced US DOE Supertruck II program. A combination of novel combustion 

strategies, such as low temperature combustion (LTC) to reduce engine-out emissions 

[138-141] along with novel exhaust waste energy recovery (WER) strategies are being 

considered to achieve this aggressive goal [142-143].  However, the relatively low 

exhaust temperatures and propensity for high cycle-to-cycle variations encountered in 

LTC limit the scope for traditional methods of exhaust WER using bottoming cycles.  

Blowdown and displacement are two sequential phases which occur during exhaust 

process in a four stroke IC engine.  After exhaust valve opening (EVO), blowdown phase 

evolves with abrupt expansion of high pressure and high temperature combustion 

products to the exhaust manifold, and displacement phase evolves with motion of 

combustion products from cylinder to exhaust manifold due to piston movement toward 

top dead center [70].  

Cyclic variations of regular combustion engines (i.e., compression ignition (CI) 

and spark ignition (SI)) have been studied for several years [144-150].  For instance, 

cycle to cycle variations and instability characteristics have been investigated in liquefied 

petroleum gas (LPG) fueled [144] and hydrogen enriched [145] SI engines; adding 
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different volume portions of diethyl ether to a biodiesel-diesel [147] CI engine and 

utilizing different levels of exhaust gas recirculation (EGR) in a natural gas SI engine 

have also been studied [149].  Increasing focus on advanced combustion engines to 

achieve ultra low engine-out emissions has motivated the need for tackling cyclic 

variations [151-158].  For example, Maurya and Agarwal [151] used statistical methods 

to study experimentally cyclic variations and combustion stability of gasoline, ethanol, 

methanol and butanol fueled HCCI combustion in a modified four-cylinder, four-stroke 

engine.  In-cylinder pressure signals of 2000 consecutive combustion cycles were 

recorded for each test condition in the steady state engine operation.  They reported that 

with increasing intake temperature, combustion stability improved.  Also, at constant 

intake air temperature, cyclic variations of IMEP increased as mixture became leaner.  

Srinivasan et al. [153] studied the cyclic variations of a dual fuel diesel ignited natural 

gas on a single cylinder research engine.  They demonstrated that with advancing the start 

of injection from 20 to 40 crank angle degree (CAD) BTDC, COV of IMEP decreased 

but for further advancement of start of injection to 60 CAD BTDC, COV of IMEP 

increased again.  Also, they reported that for improving cycle to cycle combustion 

fluctuations, intake preheating could be used as a thermal management strategy.  Wang et 

al. [155] conducted an experimental study on cyclic variability of dual fuel combustion 

on a methanol fumigated diesel engine.  In the steady state engine operation, cylinder 

pressure of 100 consecutive engine cycles were acquired for each test case and effects of 

engine load, intake temperature, injection timing and methanol substitution percent were 

studied.  They used COV of maximum in-cylinder pressure and maximum mass-averaged 

temperature and IMEP to evaluate engine cyclic variations and expressed that intake 
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temperature was more effective than diesel injection timing on COVs and at light loads 

they decreased with the increment of intake temperature.  Bittle et al. [156] reported the 

effect of increasing cyclic variation on a multi-cylinder diesel engine when transitioning 

to a low-temperature combustion mode.  By introducing small adjustments to each 

cylinder start of injection and injection duration, a better cylinder balancing was 

achieved, however there was no noticeable improvement in the measured emissions 

levels despite the reduced cylinder-to-cylinder variations brought about by swapping 

injectors between cylinders. 

Even though cyclic variations of in-cylinder phenomena have been studied in 

various types of IC engines for decades, literature on cyclic variability of exhaust gas 

parameters is sparse [157-163].  For instance, cyclic variations of exhaust gas 

temperature in a 1.4 L spark ignition engine at different loads and speeds were studied by 

Kar et al. [157].  They reported a correlation between cycle to cycle variations of 

combustion and exhaust gas temperatures.  Morey and Seers [161] studied the cyclic 

variations of the measured exhaust gas temperature in a SI engine to quantify cycle to 

cycle variations of engine IMEP at different spark timings, air-fuel ratios and injection 

timings.  They concluded that there was a strong correlation between COV of maximum 

exhaust temperature and COV of IMEP and also spark timing and/or excess ratio of the 

mixture was cause of the variations.  They also stated that COV of maximum exhaust 

temperature could be used for monitoring combustion deterioration.  Recently, Kyrtatos 

et al. [163] studied experimentally the cyclic variations of NO emissions in a heavy duty 

direct injection diesel engine in a long ignition delay combustion mode using single 

injection strategy.  They reported that averaged in-cylinder pressure fluctuation intensity 



 

144 

increased with increasing ignition delay, which led to an increase in cyclic NO 

concentration.   

In the current work, the opportunities for direct exhaust WER are discussed in a 

heavy duty diesel engine using expanders that can potentially exploit the dynamic 

exhaust pressure differences during the blowdown phase.  Generally, there are two types 

of expanders, velocity type (e.g., axial expander) and the volume type expander (e.g., 

screw expander or scroll expander) which has a fixed volumetric ratio [164].  On the 

other hand, for several years, turbines have been used in direct WER (e.g., 

turbocompounding) of heavy duty engines.  Turbocompound is useful mostly during 

acceleration phase of vehicle because its turbine converts kinetic energy of the exhaust 

flow and it is not active when the exhaust mass flow rate is too low [127].  

Turbocompounding cannot withstand pressure fluctuation (especially in LTC engines) 

while positive displacement devices (e.g., root’s expanders) are somewhat immune to 

pressure fluctuations which make them an ideal candidate for WER in LTC engines 

where cyclic variations may be high.  Therefore, in this study, the nature of cyclic 

variations in the exhaust flow is characterized and their impact on the ability to extract 

useful work output is quantified by exergy analysis of the exhaust process.   

In the present work, cyclic variations of exhaust gas properties such as pressure 

and temperature of a diesel engine operating at a speed of 1500 rpm were investigated at 

loads of 2.5 bar and 5 bar BMEP with different boost pressures (1.2, 1.5, 2 and 2.4 bar).  

A piezoresistive sensor was used to acquire instantaneous exhaust pressure of 1000 

consecutive cycles with resolution of 0.1 CAD.  Then, for each cycle, the engine 

simulation was performed using GT-SUITE software to calculate crank-resolved exhaust 
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temperatures at different conditions.  Therefore, cyclic variations of maximum exhaust 

pressure and temperature as well as blowdown to displacement phasing crank angle were 

discussed.  Also, cycle to cycle variations of exhaust exergy were estimated.  Particular 

emphasis was placed on quantifying the mechanical and thermal components of the total 

exhaust exergy separately.  Exergy is the maximum useful work that could be obtained 

from a given system when it interacts (reversibly) with the specified environment [165].  

The pressure difference between the system and the specified environment results in 

mechanical exergy and the temperature difference between them leads to thermal exergy.  

In the following sections, the effects of engine load and intake boost pressure on the 

cyclic variations of exhaust gas properties and exergy (in addition to thermal and 

mechanical components of exergy) are discussed. 

5.3 Experimental setup and model simulation 

A compression ignition, single cylinder research engine (SCRE) was used for 

conducting the experiments.  The engine specifications are provided in Table 4.1.  Also, 

Figure 5.1 shows the experimental set up and measurement devices.  For providing 

torque and speed measurement the engine was coupled to a 250 HP Dyne Systems AC 

regenerative dynamometer, which was controlled by an Inter-Lock V controller. 

Intake manifold, exhaust manifold, oil and coolant temperatures were measured 

using thermocouples (Omega, Type K).  To provide compressed air for the engine, an air 

compressor (Atlas Copco, Model GA75) and a heatless desiccant dryer (Atlas Copco, 

Model CD250) were used.  Air flow rate was measured using a sonic orifice flow meter 

(FlowMaxx, Model SN16–SA–235) while keeping the minimum pressure ratio (inlet to 

outlet) of 1.2 to have choked flow across it.   Furthermore, a coriolis mass flow meter 
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(Micro Motion, Model CMF025M319N2BAEZZZ) was employed to measure the mass 

flow rate of diesel.  Diesel injection was conducted by a Bosch CP3 common-rail 

injection pump and injector. Injection was controlled by National Instruments Stand 

Alone Direct Injector Driver System and CALVIEW software.  A piezoelectric pressure 

sensor (Kistler, Type 6052C) with a charge amplifier (Kistler, Type 5010B) were used to 

measure in-cylinder pressure instantaneously. Needle lift was measured using a hall-

effect-based needle lift sensor (Wolff Instruments).  Crank angle resolved exhaust 

manifold pressure was measured using a piezoresistive pressure sensor (Kistler, Type 

4049A) with integrated inline signal amplifier which was installed 42 mm downstream of 

the engine.  The in-cylinder pressure, exhaust pressure and needle lift sensors were 

phased with respect to crank angle using an incremental shaft encoder (BEI, Model 

XH25D-SS-3600-ABZC-28V/V-SM18) with 0.1 crank angle degree resolution (i.e., 3600 

pulses per revolution) coupled to the engine crankshaft. 

The data acquired in the experiments includes engine synchronous (crank-

resolved) data such as instantaneous exhaust pressure, and engine-asynchronous (steady 

state) data such as exhaust manifold temperatures.  Engine synchronous data was 

collected by an AVL Indismart system over 1000 consecutive cycles and asynchronous 

data was collected by National Instruments DAQ through a LabView virtual instrument 

over 60 seconds. 
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Table 5.1 Engine specifications 

Engine Type RSi-130 DV11 single cylinder  

Compression Ratio (nominal) 15.1:1 

Displacement 1.827 cm3 

Valves  4  

Bore / Stroke 128 mm / 142 mm 

IVO / IVC 4 CAD / 174 CAD 

EVO / EVC 503 CAD / 712 CAD 

Diesel fuel injection system CP3 Bosch common-rail 

Engine Speed 1500 rpm 



 

148 

 

 

Figure 5.1 experimental setup and photographic view of SCRE 

For obtaining crank angle-resolved exhaust temperature corresponding to 1000 

consecutive cycles at different conditions, a simulation model using the three pressure 

analysis (TPA) technique was established for each experimental cycle in GT-SUITE 

software [117].  Also, Woschni’s correlation [60] was considered for modeling the 
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cylinder heat transfer.  Figure 5.2 shows averaged simulated and experimental in-cylinder 

pressures and apparent heat release rates at 1500 rpm engine speed, Pin = 1.2 bar, BMEP  

5bar and 2.5 bar.  As shown in the figure, the TPA technique is able to reasonably capture 

observed experimental combustion behavior in the SCRE and it is therefore used for 

further analysis of the exhaust flow in the rest of the paper. 

 

Figure 5.2 Averaged simulated and experimental in- cylinder pressures and apparent 

heat release rates at BMEP = 5bar and 2.5 bar, Pin = 1.2 bar 

5.4 Exergy calculation 

Exergy is the maximum useful work that could be obtained from the system of 

interest when it interacts with the environment at T0=298.15 K and P0=101.325 kPa.  

Therefore, exergy flow should be considered to find the maximum extractable work in 

the exhaust process, which would otherwise be wasted to the environment [68].  

Neglecting the potential and kinetic components, exergy within exhaust flow can be 

considered to be composed of chemical exergy and physical exergy.  It is reasonable to 

neglect the chemical exergy in the exhaust stream due to lean combustion in a diesel 
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engine and the small amounts of unburned hydrocarbons in the exhaust flow [68].  Thus, 

the physical specific exergy was considered in the exhaust gas as follows: 

 ( ) ( )
000

ssThhex −−−=  (5.1) 

where, subscript ‘0’ was related to the dead state condition in which system and 

environment were at mechanical and thermal equilibrium, s and h were the specific 

entropy and the specific enthalpy of the exhaust stream, respectively, s0 and h0 were their 

properties at the restricted dead state.  The physical exergy can be divided into two 

separate components of mechanical and thermal.  The temperature difference between the 

system and environment results in thermal exergy while the pressure difference leads to 

the mechanical exergy [65], therefore:  

 METH exexex +=  (5.2) 

where, exME and exTH are the specific mechanical and the specific thermal 

exergies, respectively.  Taking into account of ideal gas properties for the products of 

combustion in the exhaust flow, the mechanical and thermal specific exergies can be 

defined by substituting ideal gas equations for change of enthalpy and change of entropy 

in the equation 5.1, as follows:  
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where, P and T were exhaust gas pressure and temperature, R and cp were specific 

gas constant and constant pressure specific heat of exhaust flow, respectively.  The crank 

angle resolved exhaust pressure was obtained using the experimental results and the 

crank angle resolved exhaust temperature, mass flow rate and constant pressure specific 

heat (cp) were obtained using GT-SUITE simulation results.  For these calculations, 

variations in the exhaust gas composition were accounted.  For example, the cp 

calculations considered different mass fractions of the various exhaust species at different 

operating conditions, in addition to the dependence of cp on exhaust gas temperature.    

5.5 Results and discussion 

The results of present study are divided into two sections.  The first section 

presents the cycle to cycle variations of the experimental measurements and numerical 

modeling results of exhaust gas flow at 2.5 and 5 bar BMEP operating conditions of a 

single cylinder engine operating at 1500 rpm engine speed and different Pin (1.2, 1.5, 2, 

and 2.4 bar).  As discussed before, after the engine reached steady state condition, the 

crank angle-resolved exhaust gas pressures were measured for 1000 consecutive cycles 

and exhaust gas temperatures were modeled.  Then, at different operating conditions, the 

blowdown to displacement phase was estimated from the exhaust gas mass flow rate 

profile of numerical results of each cycle.  Figure 5.3 shows the experimental measured 

in-cylinder and exhaust manifold pressures, as well as simulation result of exhaust mass 

flow rate at Pin = 1.2 bar and BMEP = 5 bar.  When exhaust valve opens, blowdown 

phase involves with sudden expansion of combustion products due to high pressure 

difference between exhaust manifold and in-cylinder pressures and the mass flow rate 

reaches to its maximum.  Due to mass transfer from cylinder to exhaust manifold, in-
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cylinder pressure reduces while exhaust pressure increases.  Thus, the pressure difference 

between them reduces till mass flow rate attains a minimum.  This crank angle (CADB→D) 

is considered as the phasing change from blowdown to displacement.  In the 

displacement phase, the mass flow rate develops due to movement of piston since the 

difference between exhaust manifold pressure and in-cylinder pressure is negligible.  In 

another research effort of the authors (c.f. Ref [21]). detailed explanations about 

blowdown and displacement phases are provided. 

 

Figure 5.3 In-cylinder and exhaust manifold pressures as well as exhaust mass flow 

rate at BMEP = 5bar and Pin = 1.2 bar 
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The second section of results focuses on exergetic properties of the exhaust flow 

and their cyclic variations.  To evaluate the cycle to cycle variation of exhaust flow 

parameters at different operating conditions, standard deviation can be used as follows: 
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 (5.7) 

 𝑆𝐷(𝑥) = √
∑ (𝑥𝑖−�̅�)𝑛

𝑖=1

𝑛−1
 (5.8) 

where xi is each value of sample, n is sample size, x  is mean, and SD is standard 

deviation. 

5.5.1 Cycle to cycle variations of exhaust-gas properties 

5.5.1.1 Engine load 2.5 bar BMEP 

The instantaneous exhaust gas pressure measurements were performed at constant 

engine speed of 1500 rpm and engine load of 2.5 bar at different boost pressures (1.2, 1.5, 

2 and 2.4 bar).  The peak pressure of exhaust gas flow is an important parameter that 

affects the performance of downstream WER devices such as positive displacement 

expanders and turbines.  Figure 5.4 shows the cycle to cycle variations of maximum 

exhaust pressures and their corresponding crank angles at which they occur.  The 

maximum exhaust pressure occurred in a range of 25 crank angles of exhaust pulse (from 

555 CAD to 580 CAD) and the range of maximum exhaust pressure varied from ~1.6 bar 

to ~2.4 bar.  Figure 5.4 shows that with increasing boost pressure, the distribution moved 

to the higher exhaust pressure and later occurrence in the exhaust pulse. To better 

understand this behavior, Table 5.2 provides the averaged maximum exhaust pressures 

and crank angles at BMEP = 2.5 bar at different boost pressures.  Comparison of the 
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average results of Pin = 1.2 bar and Pin = 2.4 bar indicates that with doubling of the boost 

pressure the maximum exhaust pressure increased by nearly 23%.   

Table 5.2 Averaged maximum exhaust pressure and its crank angle at BMEP = 2.5 

bar and different boost pressures 

Boost pressure (bar) 1.2 1.5 2 2.4 

CAD (degrees) 560.8 564.0 566.5 568.8 

Pexh, max (bar) 1.63 1.71 1.84 2.00 

 

 

Figure 5.4 Cyclic variations of maximum exhaust pressure at BMEP=2.5 bar and 

different boost pressures 
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Figure 5.5 shows the frequency distribution of maximum exhaust temperature at 

engine load of 2.5 bar BMEP for 1000 consecutive cycles at different boost pressures.  It 

is evident that at lower boost pressures, the maximum exhaust temperature was higher 

and with increasing the boost pressure it decreased monotonically.  Also, it is noticeable 

that at Pin= 1.2 bar, the peak of distribution was 189 cycles (601 K<Texh< 602 K); at Pin= 

1.5 bar, it was 299 cycles (558 K<Texh< 559 K); at Pin= 2 bar, it was 545 cycles (503 

K<Texh< 502 K) and at Pin= 2.4 bar, it was 553 cycles (487 K<Texh< 488 K).  Except 

Pin=2.4 bar, other distributions showed a normal distribution which as indicated in Figure 

5.5, with increasing boost pressure, standard deviations reduced.  It is shown that at 

Pin=1.2 bar, maximum exhaust temperature occurred in the range of 15 K which reduced 

to 10 K at Pin=1.5 bar and reduced further at higher boost pressures.  Therefore, smaller 

variations will be expected in the exhaust gas thermal exergy at higher boost pressures 

whereas the variations in thermal exergy are going to be larger at lower boost pressures. 

 

Figure 5.5 Frequency distribution of maximum exhaust temperature at BMEP = 2.5 

bar and different boost pressures 
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Figure 5.6 shows the first order return map of blowdown to displacement phasing 

crank angles at 2.5 bar BMEP engine load and different boost pressures.  Return maps 

depict the behavior of blowdown to displacement transition point from one cycle to the 

next.  The crank angle corresponding to the blowdown to displacement transition is 

important because it shows the time period in which exhaust mass flow rate during the 

exhaust flow reaches to a minimum which affects the overall work output.  Figure 5.6 

shows that with increasing the boost pressure, blowdown phasing occurred later during 

the exhaust process.  Also, it should be noted that the blowdown to displacement phasing 

crank angle is stochastic.  It can be seen that return maps do not have a meaningful 

pattern and next crank angle phasing cannot be predicted based on previous one.   In 

other words, changing the blowdown phase duration of a cycle does not affect the 

blowdown phase duration of the next cycle. 
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Figure 5.6 Return map of blowdown to displacement phasing crank angles at 

BMEP=2.5bar and different boost pressures 

5.5.1.2 Engine load 5 bar BMEP 

Figure 5.7 shows the maximum exhaust gas pressures measured at engine speed 

of 1500 rpm and BMEP = 5 bar at different boost pressures with respect to their 

corresponding crank angles at which they occur.  Similar to the lower engine load results, 

(Figure 5.4), the maximum exhaust pressure occurred at a range of 25 crank angles of 

exhaust process (from 555 CAD to 580 CAD) with a range of 0.5 bar (from ~1.7 bar to 

~2.3 bar).  Also, with increasing the boost pressure, higher maximum exhaust pressure 

occurred at retarded crank angles.  Comparison of lower and higher engine loads 

indicates the increase of maximum exhaust pressures at higher engine load.  Table 5.3 

shows the averaged maximum exhaust pressures and corresponding crank angles at 
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different boost pressures and BMEP = 5 bar.  It is evident that with doubling of the boost 

pressure from 1.2 bar to 2.4 bar, the maximum exhaust pressure increased around 21%.   

Table 5.3 Averaged maximum exhaust pressure and its crank angle at BMEP = 5 bar 

and different boost pressures 

Boost pressure (bar) 1.2 1.5 2 2.4 

CAD (degrees) 559.4 562.3 566.4 568.9 

Pexh, max (bar) 1.78 1.96 2.06 2.16 

 

Comparing the averaged results of lower engine load (Table 5.2) with higher 

engine load (Table 5.3) demonstrates that crank angle location of maximum exhaust 

pressures was almost independent of engine load.  Additionally, with doubling of the 

engine load, the maximum output pressure increased by nearly 10%. 
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Figure 5.7 Cyclic variations of maximum exhaust pressure at BMEP = 5bar and 

different boost pressures 

Figure 5.8 shows the frequency distribution of maximum exhaust temperature at 

different boost pressures at 5 bar BMEP engine load for 1000 consecutive cycles.  

Similar to the lower engine load, the maximum exhaust temperature was higher at lower 

boost pressures and it decreased with increasing the boost pressure.  There was a 

monotonous increase in the peak of distribution with increasing the boost pressure, which 

was accompanied with decreasing in standard deviation of maximum exhaust 

temperature.  In other words, at Pin= 1.2 bar, the peak of distribution was 202 cycles (748 

K<Texh< 749 K); at Pin= 1.5 bar, it was 260 cycles (684 K<Texh< 685 K); at Pin= 2 bar, it 

was 358 cycles (591 K<Texh< 592 K) and at Pin= 2.4 bar, it was 504 cycles (558 K<Texh< 

559 K).  It is evident that there was a normal distribution in the maximum exhaust 
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temperature at different boost pressures and both the maximum exhaust temperature 

mean and its standard deviation reduced with increasing the boost pressure.  Analogous 

to lower engine load, it is evident that at higher boost pressure, the maximum exhaust 

temperature occurred in lower range.  In other words, at Pin= 1.2 bar maximum exhaust 

temperature occurred in the range of 16 K which reduced uniformly at higher boost 

pressure which at Pin= 2.4 bar maximum exhaust temperature occurred in the range of 6 

K.  Therefore, it will be expected that thermal component of exhaust gas exergy has more 

variations at higher boost pressures. 

 

Figure 5.8 Frequency distribution of maximum exhaust temperature at BMEP=5 bar 

and different boost pressures 

Figure 5.9 shows the first order return map of blowdown to displacement phasing 

crank angles at 5 bar BMEP engine load at different boost pressures.  Similar to the lower 

engine load, with increasing the boost pressure, blowdown to displacement phasing 

retarded during the exhaust flow.  However, in contrast with the lower engine load which 

had similar variabilities at different boost pressures, at 5 bar BMEP engine load, with 
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increasing the boost pressure, variability increased, especially at Pin=2.4 bar which 

indicated that transition phasing was more dispersed from one cycle to another.  

Moreover, return maps of blowdown to displacement phasing crank angles at 5 bar had 

stochastic behavior (similar to 2.5 bar BMEP) which indicated that the blowdown phase 

duration of a cycle could not affect the blowdown phase duration of its successor cycle.  

Also, at each boost pressure, blowdown phase durations were almost similar at different 

engine loads which resulted to blowdown to displacement phasing occurred in similar 

crank angles even though they were slightly retarded at 5 bar BMEP. 

 

Figure 5.9 Return map of blowdown to displacement phasing crank angles at 

BMEP=5 bar and different boost pressures 
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5.5.2 Cycle to cycle variations of exhaust exergy 

In this section, the results of cyclic variations of exhaust exergy are presented.  To 

calculate exhaust gas exergy rate, the following equation was used: 

 exmxE =   (5.9) 

The net crank angle resolved exhaust mass flow rate, was obtained using GT-

SUITE simulation.  For calculating the net exergy of exhaust gas in a cycle, the exhaust 

gas mass flow rates which returned to the chamber were not considered because they did 

not contribute to the total exergy of a downstream device (e.g, an expander that installed 

in the exhaust pipe).  Integration of exergy flow rate (Equation 5.9) results in cumulative 

exergy in the exhaust flow, which represents the total amount of available work. 
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Figure 5.10 Ensemble exergy rate at different engine loads and boost pressures 

The ensemble averaged exergy rate in the exhaust process over 1000 consecutive 

engine cycles at different boost pressures at 2.5 bar and BMEP = 5 bar are shown in 

Figure 5.10.  It is evident that at each crank angle, ensemble averaged exergy rate in the 

exhaust process was higher at higher engine load (5 bar BMEP).  Also, it can be seen that 

the crank angles at which maximum exergy rates occurred were almost similar.  The first 

peak occurred in the blowdown phase and other peaks occurred in the displacement 
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phase.  Crank angle resolved exergy rate of the exhaust flow are discussed profoundly in 

prior research of the authors [21].   

Figure 5.11 shows the first order return map of cumulative exergy at BMEP = 2.5 

bar and 5 bar, at different boost pressures.  It shows that cumulative exergies at the both 

low and high engine loads were stochastic. 

 

Figure 5.11 Return map of cumulative exergy at different engine loads and boost 

pressures 

Comparison between Figures 5.11-a and 5.11-b indicates that at 2.5 bar BMEP, 

maximum exhaust cumulative exergy occurred at Pin=2.4 bar (with average value of 

0.267 kJ), while at 5 bar BMEP, it occurred at Pin=1.5 bar (with average value of 0.406 

kJ).  Also, it is evident that cyclic variations were higher at maximum exhaust cumulative 

exergy at both 5 bar and 2.5 bar BMEP.  The cumulative exergy behavior can be 

addressed better with considering exhaust temperature and pressure trends which reflect 

in the thermal and mechanical components of exergy.  
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The crank angle averaged exergies were calculated during exhaust process as 

follows: 
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The crank angles related to the exhaust valve timing were 503 CAD (EVO) to 712 

CAD (EVC).  Figure 5.12 shows THxE  and MExE for 1000 consecutive engine cycles at 

BMEP = 2.5 bar and different boost pressures.  It indicates that while MExE was minimum 

at 1.2 bar boost pressure, THxE  was maximum at 1.2 bar between different boost 

pressures, because exhT  was highest at low boost pressure which resulted into highest 

THxE .  On the other hand, since the exhaust pressure was lowest at 1.2 bar boost pressure, 

therefore, MExE was lowest in this boost pressure.  With increasing the boost pressure, 

due to increase of exhaust pressure, MExE  increased and due to lower exhT  THxE  reduced.  

It is evident from Figure 5.12 that with increasing the boost pressure, the standard 

deviation of MExE increased. 
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Figure 5.12 Averaged mechanical and thermal exergies at BMEP=2.5bar and different 

boost pressures 

Figure 5.13 shows THxE  and MExE of 1000 consecutive engine cycles at 5 bar 

BMEP engine load and different boost pressures.  Similar to the lower engine load, at 1.2 

bar boost pressure, MExE  was lowest (while THxE was highest) and it increased with 

increasing the boost pressure (while THxE decreased).  Figure 5.13-a shows an 

intermittent trend between standard deviation of MExE  with increasing the boost pressure, 

however as shown in Figure 5.13-b, with increasing the boost pressure, standard 

deviation of THxE  decreased monotonically.  Comparing the results of Figure 5.12 and 

5.13 demonstrates that at both loads (i.e., 2.5 bar and 5 bar BMEP), mean values of MExE

were in the same range as 1 kW – 7 kW but mean values of THxE at higher boost pressure 

were significantly higher at 5 bar BMEP because exhaust mechanical exergy rate was 

related to the exhaust pressure and with increasing the engine load , it did not change 
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significantly.  However, exhaust thermal exergy rate was related to the exhaust 

temperature which increased with increasing the engine load.  Standard deviations of 

MExE at both 2.5 and 5 bar BMEP were in the range of 0.20 kW – 0.035 kW while 

standard deviations of THxE at 5 bar BMEP was higher especially at lower boost 

pressures.  For example, at Pin= 1.2 bar, standard deviation of THxE was 0.124 kW at 5 

bar BMEP, while it was 0.071 kW at 2.5 bar BMEP. 

As explained before, at higher boost pressures, the maximum exhaust temperature 

had smaller temperature distribution which provided the idea for lower variability of 

thermal exergy at higher boost pressures.  According to Figure 5.12 and 5.13, it is evident 

that the variations of thermal exergy reduced with increasing the boost pressure.  It 

should be noted that thermal exergy variability included both the effect of mass flow rate 

and temperature variations.  

  

Figure 5.13 Averaged mechanical and thermal exergies at BMEP=5bar and different 

boost pressures 
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Comparison of cyclic variations of mechanical and thermal exergies at different 

engine loads and boost pressures shows that the mechanical component of exergy in the 

exhaust process had lower variations in comparison to the thermal component of it.  It 

shows that considering a downstream device in the exhaust flow which interacts with 

thermal component of exergy such as a turbocompound turbine will be more affected 

with the cyclic variations of the exhaust flow.  However, devices which work with the 

mechanical component of exergy such as a positive displacement expander in a direct 

WER system, encounter less variations in the exhaust flow.  In summary, although the 

analyses presented in the paper considered for a single cylinder research engine, they can 

be used without loss in generality to re-assess the appropriateness of demonstrated direct 

exhaust waste energy strategies such as exhaust turbine turbocompounding [166-168], 

divided exhaust period (DEP) [169], etc. for multi-cylinder heavy duty diesel engines to 

complement ongoing efforts to realize brake thermal efficiencies of beyond 55% (on an 

LHV basis) in heavy duty trucks SuperTruck II DOE program [16]. 

5.6 Conclusions 

In this study, cyclic variations of exhaust flows in a compression ignition diesel 

fueled SCRE at two different loads (2.5 bar and 5 bar BMEP), four different boost 

pressures (1.2 bar, 1.5 bar, 2 bar and 2.4 bar) running at 1500 rpm engine speed were 

investigated for 1000 consecutive engine cycles.  Variability of exhaust gas 

thermodynamic properties (i.e. temperature and pressure) obtained from experimental 

and numerical methods as well as blowdown to displacement phasing crank angles 

fluctuations were discussed.  Also, cycle to cycle variations of the exhaust exergy flows 
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were studied in terms of cumulative exergy and crank angle averaged mechanical and 

thermal exergy.  The following important conclusions were drawn from the results: 

• The maximum exhaust pressures increased at higher engine load (i.e., from 

the average values of 1.63 bar to 2.00 bar at 2.5 bar BMEP to the average 

values of 1.78 bar to 2.16 bar at 5 bar BMEP).  Also, with increasing the boost 

pressure, maximum exhaust pressures increased (with a descending rate of 

increase) and occurred at more retarded crank angles during the exhaust 

process (e.g., from 560.8 CAD at Pin=1.2 bar to 568.8 CAD Pin=2.4 bar at 2.5 

bar BMEP).  Also, location of maximum exhaust pressures in the exhaust 

process was almost independent of engine operating load. 

• There was a normal distribution in the exhaust flow in maximum exhaust 

temperature at different boost pressures.  With increasing the boost pressure, 

maximum exhaust temperatures and their standard deviations decreased (e.g. 

from averaged value of 748.6 K and SD =2.1 K at Pin=1.2 bar to 558.4 K SD 

=0.8 K at Pin=2.4 bar at 5 bar BMEP).  Moreover, at each boost pressure with 

increasing the engine load, maximum exhaust temperature increased. 

• Blowdown to displacement phasing crank angles retarded in the exhaust 

process with increasing the boost pressure.  On the other hand, they had 

stochastic behavior which means duration of blowdown phase for a cycle 

could not affect duration of successor cycle. 

• At each crank angle, ensemble exergy rate in the exhaust process was higher 

at higher engine load and cumulative exergy at both engine loads were 

stochastic.  Exhaust cumulative exergy was maximum at Pin=2.4 bar and 2.5 
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bar BMEP (averaged of 0.267 kJ), while it was maximum at Pin=1.5 bar and 

BMEP = 5 bar (averaged value of 0.406 kJ).   

• At lowest boost pressure, THxE (crank angle averaged rate of thermal exergy) 

was highest and MExE (crank angle averaged rate of mechanical exergy) was 

lowest. THxE  reduced with increasing the boost pressure while MExE

increased.  Mean values of MExE were in the same range as 1 kW – 7 kW at 

both engine loads but mean values of THxE at higher boost pressure were 

significantly higher at 5 bar BMEP. 

•  At all loads and speeds tested, the variations in the mechanical component of 

the exergy were consistently lower than the corresponding variations in the 

thermal component of the exergy at all boost pressures. Acknowledging the 

potentially lower impact of thermal exergy variations on indirect WER 

devices, these results incentivize the placement of direct WER devices such as 

expanders in direct contact with the exhaust stream, which is likely to 

encounter smaller fluctuations. 
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VI 

SUMMARY AND RECOMMENDATIONS FOR FUTURE WORK 

 

6.1 Summary of Present Research Contributions 

In the present dissertation, a detailed study was conducted to exploit exergy 

analysis of IC engines and to devise strategies to increase their efficiency by considering 

both in-cylinder exergy destruction and by characterizing crank angle-resolved evolution 

of exhaust exergy.  Exergy analysis was demonstrated as a uniquely valuable tool for 

determining the crank angle resolved exergy inside the cylinder and during the exhaust 

process.  Availability and exergy equations were developed by combining the first and 

second laws of thermodynamics.  Exergy analysis was performed using a previously 

validated, multi-zone, simulation of diesel-ignited methane dual fuel low temperature 

combustion (LTC) to address the in-cylinder transformation of exergy components.  To 

study the effect of engine operating conditions on exergy components, the start of 

injection (SOI) of diesel was varied from 300 to 340 CAD.  Subsequently, indicated fuel 

conversion efficiency and the exergetic efficiency were calculated at different SOIs and 

used to determine the “most efficient operating point” for these conditions. 

Separately, a combined experimental-computational methodology was introduced 

for performing crank angle-resolved exergy analysis of exhaust flows from the 

perspective of exhaust waste energy recovery (WER).  A single-cylinder research engine 
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operating in conventional diesel combustion mode was tested at a load of 5 bar BMEP, 

1200 and 1500 rpm engine speed, and 1.2, 1.5, 2, and 2.4 bar boost pressures.  The crank 

angle-resolved specific exergy and its thermal and mechanical components were 

calculated by combining experimental crank angle-resolved exhaust manifold pressure 

measurements with 1D system-level (GT-SUITE) simulations.  In addition, exhaust flow 

specific exergies in the blowdown and displacement phases of the exhaust process, the 

total exergy flow rates, and cumulative exergy were quantified.  To study the effect of 

exhaust back pressure on the exhaust exergy, different exhaust pressure values (1, 1.4, 

and 1.8 bar) were considered.  Furthermore, the effect of boost pressure on the thermal 

and mechanical components of exhaust exergy as well as the blowdown and the 

displacement phases of the exhaust process was reported at different back pressures.  

Cycle-to-cycle variations in the magnitudes of maximum measured exhaust pressure, 

calculated exhaust temperature, and phasing of the blowdown to displacement transition 

were analyzed over 1000 consecutive engine cycles.  Additionally, cyclic variability in 

exhaust exergy components, i.e., thermal and mechanical exergies, were estimated. 

The exhaust specific thermal exergy was dominant during the initial phase of the 

exhaust process when exhaust back pressure was atmospheric.  After peak exhaust mass 

flow rate was attained, the specific mechanical exergy became important.  For the highest 

boost pressure, the specific mechanical exergy component exceeded the corresponding 

specific thermal exergy component near the middle of the exhaust process.  Toward the 

end of the exhaust process, when the cylinder pressure was nearly equal to the exhaust 

pressure, the specific thermal exergy regained its significance.  Also, regardless of engine 
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speed, with increasing boost pressure, the mechanical component of the cumulative 

exergy increased while the thermal component decreased. 

With increasing the back pressure, the blowdown phase duration decreased 

uniformly, which resulted in an increase of the displacement phase duration.  It was 

found that at low boost pressures, the majority of the specific exergy during the exhaust 

process comprised the thermal specific exergy while at high boost pressures, the 

mechanical exergy component dominated.   

Regardless of intake boost pressure, with increasing back pressure or engine 

speed, the total cumulative exergy as well as its mechanical and thermal components 

increased.  Also, regardless of engine speed, at high intake pressure, the cumulative 

mechanical exergy was higher than the cumulative thermal exergy and at low intake 

pressure, the opposite was true.  Therefore, at least for the conditions studied herein, it is 

reasonable to conclude that a WER system that extracts mechanical exergy may be better 

suited for high boost operating conditions while a WER system designed for thermal 

exergy extraction may be better suited for low boost conditions. 

With increasing back pressure, the percentage of fuel chemical exergy available in 

the exhaust (i.e., normalized cumulative exergy), as well as its mechanical and thermal 

components, increased linearly.  Also, normalized cumulative exergy and its components 

were higher at higher engine speeds.  However, the normalized cumulative exergy was 

almost invariant with respect to boost pressure because with increasing intake pressure, 

the normalized thermal cumulative exergy reduced but normalized mechanical 

cumulative exergy increased, uniformly for all values of back pressure. 
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When exhaust back pressure was atmospheric, for all loads and speeds tested, the 

variations in the mechanical component of the exergy were consistently lower than the 

corresponding variations in the thermal component of the exergy at all boost pressures.  

Acknowledging the potentially lower impact of thermal exergy variations on indirect 

WER devices, these results incentivize the placement of direct WER devices such as 

expanders in direct contact with the exhaust stream, which is likely to encounter smaller 

fluctuations.  Also, the crank angle (phasing) at which the exhaust process transitioned 

from the blowdown phase to the displacement phase was delayed with increasing boost 

pressure. 

6.2 Recommendation for Future Work 

Application of the exergy analysis methodology in this research helped 

demonstrate the powerful advantage of this method in the analysis of IC engine 

processes.  In-cylinder exergy transformation was investigated using a multi-zone 

thermodynamic simulation of diesel-ignited methane dual fuel combustion.  Only the 

closed portion of the engine cycle, i.e., from IVC to EVO, was analyzed.  There are 

different aspects of the current study that can be extended as follows: 

• Extending the model to an open cycle simulation can provide additional 

information of exergy transformation during the intake and exhaust 

processes as well as the pumping work associated with these gas exchange 

processes.   

• An open cycle model can provide the opportunity to investigate the effect 

of both internal and external exhaust gas recirculation (EGR) and valve 
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timing on exergy transformation, especially on in-cylinder exergy 

destruction.   

• Consistent with previous literature, the combustion process itself was 

identified as the main source of thermodynamic irreversibilities inside the 

engine; i.e., most of the in-cylinder exergy destruction was due to 

combustion.  A more accurate combustion model using reduced or 

detailed chemical kinetics mechanisms can perhaps provide a more 

accurate estimate of exergy destruction during combustion.   

• The multi-zone thermodynamic simulation was developed specifically for 

diesel-methane dual fuel LTC.  This simulation can be extended to 

simulate other modes of dual fuel combustion with a variety of fuel 

combinations (e.g., diesel-propane, diesel-gasoline, etc.) to compare the 

in-cylinder exergy destroyed due to combustion. 

• In the present research, a new combined experimental-computational 

methodology was introduced to investigate the exhaust exergy flows in a 

single cylinder research engine operating on diesel fuel.  This method can 

be applied in other types of combustion strategies such as SI, HCCI or 

other types of LTC strategies. 

• This method can be applied to investigate exhaust exergy flows in multi-

cylinder engines by measuring crank angle-resolved exhaust pressures and 

by calculating the crank angle-resolved exhaust temperatures using a 1-D 

system-level engine simulation tool such as GT-SUITE. 
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• One of the objectives of studying the exhaust exergy analysis was 

calculating the maximum available work for different WER systems.  

Therefore, studying the exhaust exergy models along with different WER 

systems can provide a thorough understanding about the application of 

exhaust exergy analysis.  GT-SUITE is capable of modeling some WER 

systems such as organic Rankine cycle, which can be utilized in this 

regard. 

• Valve timing of the exhaust process can be adjusted to find the maximum 

work output of the exhaust WER for different operating conditions after 

extend the multi zone model to an open cycle simulation. 

• In-cylinder exergy analysis can be combined with exhaust exergy analysis 

to provide a better understanding of the maximum work that can be 

produced an engine equipped with WER.  This can be achieved by adding 

an exhaust process model (including the WER system) to the multi-zone 

thermodynamic simulation or by developing a predictive in-cylinder 

exergy model for integration into the 1-D simulation model. 

• Installation of a WER system in the exhaust stream will increase the back 

pressure of the engine, which affects engine performance.  Considering a 

complete model, including an engine and exhaust WER, and conducting 

the overall exergy analysis of the system can provide a complete 

investigation of IC engine performance.   
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Finally, it can be concluded that exergy analysis can still be utilized to understand 

the maximum efficiency operating conditions of IC engines and to devise strategies for 

further improving the FCE of IC engines. 
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